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Abstract: Waste heat recovery is one of the main practices used to reduce the carbon footprint of
the industrial sector regarding environmental concern. The supercritical carbon dioxide (s-CO2)
cycle is one of the most attractive heat-to-power technologies; due to the abrupt variation in CO2

properties in the vicinity of its critical point, small compression work is required and finally a high
cycle efficiency is achieved. In the literature, among the various proposed layouts, the recompression
s-CO2 Brayton cycle is considered to be the most efficient one. The most critical component of
such a cycle is definitely the main compressor, as the related usual design procedures have been
developed in the past for ideal gas as a working fluid. This study presents a methodology for the
preliminary design of a centrifugal compressor with a vaned diffuser, suitable for fulfilling the desired
operating requirements of a particular supercritical CO2 recompression Brayton cycle. Furthermore,
it demonstrates the numerical investigation of the three-dimensional (3D) flow phenomena occurring
in it, focusing on the investigation of possible condensation. To this end, a one-dimensional flow
model was developed to provide information regarding the geometry of the compressor and predict
its prospective performance. Commercial computational fluid dynamics (CFD) software was then
employed to examine the three-dimensional flow. The effect of accuracy in the evaluation of real
gas properties approaching the critical point was examined, showing that a look-up table with more
points around the critical point can reduce the numerical relative error by up to 0.3% for the value
of specific heat capacity. In addition, the possibility of condensation occurrence was investigated at
the impeller’s inlet, where the flow is accelerated. The supersaturation pressure ratio was defined
and implemented in order to identify regions where static pressure is lower than saturation pressure,
possibly leading to local two-phase flow.

Keywords: supercritical CO2; compressor design; closed Brayton cycle; critical point

1. Introduction

During the last few decades, the world has been transforming from coal burning to clean
energy, adopting cleaner, reliable and more efficient power systems. Supercritical carbon
dioxide (s-CO2) Brayton cycles constitute a promising power conversion technology that
exploits waste heat recovery, converting the heat received by a thermal source to electricity.

Such cycles have increasingly attracted research interest during the last few years
because of the efficiencies that they achieve (up to 50%), especially for turbine inlet temper-
atures over 500 ◦C. These closed-loop Brayton cycles take advantage of the abrupt variation
in CO2 properties near their critical point (304.13 K, 7.38 MPa) (Figure 1), resulting in
a reduction in compression work and finally a more efficient system. The supercritical
carbon dioxide cycles for power generation were first proposed by Feher [1], while, in 1969,
Angelino [2] examined different configurations of s-CO2 cycles, providing performance
results for each layout, and concluded that the thermal efficiency of the recompression
cycle can be comparable with that of a Rankine cycle. Lately, the s-CO2 Brayton cycle
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has regained the attention of the research community as CO2 is free of regulations for
non-eco-friendly working fluids, constituting one of the state-of-the-art power conversion
cycles. The interest for supercritical CO2 Brayton cycles was revived at the dawn of the
2000s, when Dostal et al. [3] studied an s-CO2 Brayton cycle as an alternative for the cooling
of a nuclear reactor. Since then, the majority of research studies on s-CO2 Brayton cycles
concern cycle operation simulation and the design of cycle components.
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Figure 1. Carbon dioxide’s (a) specific heat, (b) density, and (c) speed of sound as a function of 
temperature. 
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As a result of the aforementioned advantages, there is continuously growing research
on s-CO2 power cycles, focusing on the design optimization of critical components, such
as the involved turbomachinery and heat exchangers, as well as improvements in the
thermodynamic cycle toward the commercialization of this technology [4]. The compressor
constitutes one of the most critical components of the cycle. Developing a compressor that
can stably work over a wide operational range helps us to ensure a robust operation of
the whole engine. Supercritical carbon dioxide power cycles demand high compressor
efficiencies at design and off-design operating points, as variations in the aerodynamic
performance of the compressor may significantly affect the whole cycle performance and
control; this is due to the aforementioned abrupt variation in the working fluid properties
near the critical point and the subsequent risk for two-phase flow. Therefore, the design
and performance prediction of a compressor operating with supercritical CO2 is one of the
most significant challenges for the commercialization of this power generation technology.
At this moment, there are no established power plants operating with supercritical CO2.
Nevertheless, some small test rigs, such as those in SANDIA NL in USA, Institute of
Applied Energy in Japan, Korea Advanced Science and Technology in South Korea and
Brunel University in UK [5], have been developed in order to examine the operating
technology, employing different types of turbomachinery, such as the screw or dynamic
type. Ahn et al. [6] presented a design consideration for one of the first experimental
loops, while Bae et al. [7] presented an analysis of the operation of the same test rig close
to the critical point. Moreover, much research has been focused on the effect of critical
components on the whole system performance, such as the compressor [8,9] and the heat
exchangers [10].

Although significant progress has been made in the design of turbomachinery operat-
ing with conventional gases behaving as ideal ones, only recently has the research interest
focused on high-density or supercritical fluids, where the ideal gas assumption does not
hold. The sharp variation in thermodynamic properties of CO2 in a region around the
critical point, where the compressors operate, demands careful design to ensure a safe op-
eration and high-efficiency performance. Though one-dimensional models are commonly
used for the design of compressors, a detailed CFD model can predict the aerodynamics of
the flow field much better and provide significant information to improve the compressor
performance. For example, Yao et al. [11] proposed a one-dimensional design methodol-
ogy and investigated how it can be applied to 500 kWe and 5 MWe recompression cycles,
concluding that a higher mass flow rate would lead to a higher turbomachinery efficiency
in the 5 MWe cycle and that the reduction stator loss contributes to an improvement in
the turbomachinery efficiency. Moreover, Liu et al. [12] presented a study concerning the
preliminary design of axial and centrifugal compressors and validated the results of their
design against CFD simulations.

An important issue that may be faced in a supercritical CO2 compression system is the
possible occurrence of condensation due to the vicinity of the working fluid states at the
compressor inlet with the critical point of CO2. While most s-CO2 compressors are designed
to operate as single-phase machines, when approaching the critical point of CO2, it becomes
difficult to clearly distinguish if the behavior of the fluid is closer to that of a compressible
or incompressible gas. In order to avoid the possibility of two-phase flow, which may occur
at the impeller’s leading-edge region where the velocity of the flow increases (in terms of
absolute velocity), the thermodynamic conditions at the entry of the compressor are usually
slipped away from the critical point on purpose. As a consequence, the required compression
work increases and, subsequently, the s-CO2 cycle efficiency is reduced.

There are not many investigations concerning the design of turbomachines with
fluids working close to their critical points. Most such studies rely on the use of one-
dimensional flow models, incorporating real gas effects, in order to predict the possibility of
condensation whenever in the vicinity of a critical point. Firstly, at the Sandia NL test facility,
the performance of a centrifugal compressor using supercritical CO2 operating near its
critical point was presented by Wright et al. [13], and it was found that any potential effects
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from the two-phase flow may not have a significant impact on the compressor. Monge [14]
conducted research on the factors that may result in condensation during compressor
operation, proposing an upper limit for flow acceleration. Pecnik et al. [15] examined the
possibility of two-phase flow taking place in the impeller of a centrifugal compressor that
operates near the critical point of CO2 by handling the possible condensation of the fluid as
being in the equilibrium condition. De Lorenzo et al. [16] also employed the homogeneous
equilibrium model and achieved successfully simulating the two-phase water–steam flow
under transient conditions. Moreover, a study was presented by Baltadjiev et al. [17]
taking into account the properties variation in the fluid in the metastable region and the
condensation when the flow is under conditions out of equilibrium, also proposing a
criterion for condensation occurrence.

Real gas effects near the critical point were investigated by Ameli et al. [18], examining
the accuracy of the relevant property tables that were constructed for their numerical
models, as well as how two-phase flow is created at the impeller leading edge. More
recently, Guo et al. [19] investigated the influence of real gas properties of supercriti-
cal CO2 on the one-dimensional isentropic compression process. A study presented by
Saravi et al. [20] focused on the aerodynamics of the compressor diffuser, taking into ac-
count the real gas effects in order to achieve the compressor target operating conditions
and improve its performance in the supercritical region. Lately, Lettieri et al. [21] presented
a study about models concerning equations of state (EOSs) and how they can predict the
condensation in supercritical compressors. In the past decades, several equation-of-state
models have been examined, achieving different accuracy levels that depend on the range
of thermodynamic states of interest for CO2. Lüdtke [22] presented a study comparing
various common real gas models and exhibiting a deviation from experimental data of less
than 2%. However, the Span–Wagner (SW) model [23], being developed in 1996 particularly
for carbon dioxide, is considered nowadays, according to the literature, to be the most
widespread and accurate model for estimating the properties of CO2. This is an EOS model
developed for real gases, expressed in terms of Helmholtz energy, and covering the states
contained in the range from the triple point to the state corresponding to a temperature
of 1100 K and a pressure of 80 MPa. Baltadjiev et al. [17] also compared the various EOS
models, focusing on the region around the critical point, indicating that they all present an
acceptable accuracy in the case of a compressor operating in the supercritical CO2 region;
however, simulating the operation closer to the critical point, the SW model was claimed as
the most well-proposed. Finally, Zhao et al. [24] presented a selection procedure for EOS
and how it can affect the design of the compressor and its operational performance.

In light of the above, the main goal of this paper is to present a methodology for the
preliminary design of a centrifugal compressor with a vaned diffuser, suitable for fulfilling
the desired operating requirements of a particular supercritical CO2 recompression Brayton
cycle and demonstrating the subsequent numerical investigation of the three-dimensional
(3D) flow phenomena occurring in it. The preliminary design relies on the use of an in-
house one-dimensional (1D) tool, while commercial CFD software was implemented for
the numerical simulation of the full 3D flow through the compressor. Since, according to
the thermodynamic cycle, the compressor inlet conditions are close to the critical state of
CO2, the possibility of local condensation and the subsequent occurrence of two-phase
flow was investigated at the region of the impeller leading edge, where the absolute flow
is accelerated. The real gas approximation was considered, examining how this affects
the numerical prediction of the compressor performance, as well as the possibility of
condensation. In particular, the effect of real gas properties in the pseudo-critical region on
the accuracy of the numerical solution was studied with respect to the grid density of the
tabulated data close to the critical point. This study may be used as a guide to evaluate
the compressor performance for the desired inlet and outlet conditions and to examine
the possibility of redesigning the blade angle of the leading edge in order to avoid the
possibility of condensation and improve the compressor efficiency. In this context, the
present work consists of the first step of the authors toward the direction of performing,
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in the long-term, in-depth research on the state-of-the-art topic of compressor design
optimization suitable for the supercritical carbon dioxide cycle.

2. Design Methodology

Figure 2 presents the layout of a supercritical CO2 closed-loop Brayton cycle with
recompression [25] and the corresponding temperature–entropy diagram. The main com-
pressor that was under consideration in the present study was a single-stage centrifugal
compressor (denoted by C1 in Figure 2), and is one of the most critical components of
such a cycle. The process of recompression improves cycle efficiency; to this end, a second
compressor was implemented (named re-compressor and denoted by C2 in Figure 2). In
this cycle, the flow is split into two parts before entering the pre-cooler; one of the two
parts is compressed in the second compressor C2 without entering the pre-cooler in order
to overcome the pinch-point problem. The latter is concerned with the fact that the tem-
perature gradient does not ensure a stable heat transfer between the two sides of the CO2
(hot and cold), mainly for the low-temperature recuperator (LTR). The two flows (coming
from the LTR and C2) are then mixed and the total flow is driven to the high-temperature
recuperator (HTR) in order to be further heated before the whole fluid enters the heater.
The superheated CO2 exiting the turbine is cooled down in two stages: firstly at the HTR
and then at the LTR. After preheating is completed, the flow is split into two flows: the main
part of it continues to the precooler (state 8a in Figure 2) and then to the main compressor
C1, whereas the smaller part of the working fluid flows to the re-compressor C2 (8b in
Figure 2).
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Figure 2. Layout of the recompression s-CO2 Brayton cycle.

This s-CO2 Brayton cycle was designed for a net power production of approximately
122 MWth, with a turbine inlet temperature of 550 ◦C and a high cycle pressure of 20 MPa.
For the thermodynamic design of the cycle, the turbomachinery components were consid-
ered to operate with an isentropic efficiency equal to 80% for the two compressors (main
compressor C1 and re-compressor C2), and 90% for the turbine (T1). The total mass CO2
flowrate of the cycle is 620 kg/s; 60% of it flows through the large compressor (C1), whereas
the remaining 40% is driven through the second compressor C2 (the split ratio is 0.6). The
design parameters of this cycle are summarized in Table 1.
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Table 1. Specifications used for the recompression s-CO2 Brayton cycle.

Variable Value

Total flowrate (kg/s) 620
Turbine inlet pressure (MPa) 20
Turbine inlet temperature (K) 823

Isentropic efficiency of compressor 0.8
Isentropic efficiency of the re-compressor 0.8

Turbine efficiency 0.9

The main compressor (C1) was selected to be of radial design due to its higher pressure
rise per stage, the lower volume flow and wider operational range used to perform a
variation in the properties of the supercritical carbon for the operation near the critical
state of CO2. A fully developed one-dimensional design tool was employed to simulate
the centrifugal compressor’s operation, combining performance parameters and pressure
loss coefficients based on correlations by the literature. The design process consisted of two
parts, corresponding to the solution of a direct problem first and then of an inverse problem,
as was proposed by Monge [14]. The direct problem was set up for a centrifugal compressor
used by SNL with known geometric characteristics. Its solution, in terms of predicted
conditions at the compressor’s exit, was validated against Sandia’s results [13], as presented
in Table 2. Hence, for the inverse problem, the same equations were used in a different way
to estimate the geometric parameters based on the specified thermodynamic quantities
of the cycle. The preliminary design method proposed by Balje [26] provides estimations
for design parameters, employing the specific speed Ns and the specific diameter Ds
to define some basic flow and geometric characteristics to reach a maximum efficiency
(Equations (1) and (2) below), namely the number of stages, rotational speed, impeller
diameter and stage efficiency. The values of the design parameters for the main centrifugal
compressor of the cycle were selected to result in a specific speed (Ns) and specific diameter
(Ds) with values of approximately 0.6 and 4, respectively, which lead to a high efficiency
of the centrifugal compressor. The thermodynamic conditions, such as the density and
specific enthalpy difference, that are used to define the tip diameter of the compressor and
the rotational speed come from the thermodynamic analysis of the preceded cycle. The
estimated design parameters of the compressor are presented in Table 3.

NS,Stage =

[( .
m
ρ

)0.5

Ω

]/
(∆hS)Stage

0.75 (1)

Ds,stage =
[
dt(∆hS)Stage

0.25
]/( .

m
ρ

)0.5

(2)

Table 2. Design parameters for the recompression s-CO2 Brayton cycle.

Operating Conditions Sandia Model Current Model Deviation (%)

Mass flow (kg/s) 3.53 3.53 -
Rotational speed (rpm) 75,000 75,000 -

Inlet total temperature (K) 305.5 305.5 -
Outlet total temperature (K) 324.6 331.2 1.9

Inlet total pressure (MPa) 7.69 7.69 -
Outlet total pressure (MPa) 13.98 14.15 1.2
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Table 3. Centrifugal compressor’s design parameters.

Impeller Operating Conditions Values

Rotational Speed (rpm) 7549
Mass Flow (kg/s) 396.8

Inlet Total Pressure (MPa) 7.68
Outlet Total Pressure (MPa) 20
Inlet Total Temperature (K) 304.4

All of the parameters of Table 3 were used as the input to the design model of the
compressor; the latter was built as an in-house code. Afterwards, the velocity triangles and
blade geometry were defined based on the geometry design input (impeller diameter and
length). The flow quantities and main dimensions were evaluated at each sub-system of
the compressor depicted in Figure 3. The flow was considered to be axial and uniform at
the inlet of the impeller, since no inlet guides exist. At the exit of the impeller, the slip factor
was estimated based on the Wiesner expression [27], while the diffuser was considered to
have vanes with a wedge shape.
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Finally, the design process takes into consideration the pressure losses in the compres-
sor components, as they are calculated by loss models that update the initial assumed value
of efficiency (from Balje diagram) until convergence. The results of this preliminary design
methodology are presented in Table 4 for both the impeller and diffuser of the compres-
sor, summarizing the geometrical characteristics of the main compressor. The shrouded
impeller includes eleven main blades and eleven splitter blades, while the diffuser has
19 wedge-shaped vanes.
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Table 4. Geometry of the designed compressor.

Centrifugal Compressor Geometry

Number of impeller blades 11 Number of diffuser blades 19
Impeller inlet radius (m) 0.065 Diffuser inlet radius (m) 0.219

Impeller outlet radius (m) 0.186 Diffuse outlet radius (m) 0.349
Inlet blade angle tip (deg) 60.110

Blade thickness (m) 0.005

The loss models considered for the performance prediction of the compressor were
classified into internal and external ones [28] and are shown in Table 5. In particular, the
generated irreversibilities of the fluid flowing through the impeller’s passage were modeled
using internal loss models, whereas the non-isentropic losses occurring outside the impeller
were modeled using the external (parasitic) losses. The solution of the inverse problem
begins with the estimation of the mean diameter. Next, a hub-to-tip ratio is assumed; here,
the hub-to-tip ratio at the inlet was considered to be equal to 0.4 in order to avoid a static
inlet pressure in the two-phase zone. The velocity triangles were estimated at the exit of
the inducer and the pressure loss at the exit of the inducer was estimated, and the other
conditions were subsequently estimated. These conditions are supposed to be the inlet for
the impeller, where efficiency is assumed. From the velocity triangles, the efficiency was
estimated at the outlet of the impeller, and the process was repeated until the convergence
of the assumed and calculated values of efficiency.

Table 5. Formulas used to estimate pressure loss mechanisms for centrifugal compressor design and
related references.

Centrifugal Compressor Losses

Inducer

Incidence losses ωincidence =
(

1 − c2
w2 cos β2

)2
+ Zb ·tb

2·π·r2· cos β2
[29]

Contraction losses ωcontraction =
(

1 − A2
A1

)2 [30]

Impeller

Blade loading losses ωBL = 1
24 ·
(

∆w
w2

)2 [29]

Aerodynamic loading losses ωhs =
1
6 ·
(

lch ·Wpr
w2

)2 [29]

Mixing losses ωmix =
(

c3r,wake−c3r,mix
w2

)2 [29]

Friction losses ω f r = 4·c f ·
Limp
dH

·
(

Wpr
w2

)2 [31]

Clearance losses ωcl =
2· .

mcl ·∆pcl
.

m·ρ2·w2
2

[29]

Vaneless Diffuser

Friction losses ωFR,vl = 4·c f ·
(

r4−r3
dH,vl

)
·
(

cvl
c3

)2 [29]

Diffuser with vanes

Blockage losses ωL,di f f =
(

Λdi f f −1−c5,rad
c5

)2 [29]

Friction losses ωFR,di f f = 4·c f ·
(

r5−r4
dH,di f f

)
·
(

cdi f f
c4

)2 [31]

Incidence losses ωinc,di f f = ωinc,min + 0.8
(

c4−c∗4
c4

)2 [29]

Mixing losses ωmix,di f f =
(

c5,rad,wake−c5,rad,mix
c5

)2 [29]
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The procedure then continued to the next components of the compressor. This proce-
dure was repeated until convergence in the stage efficiency. The flowchart of the design
procedure is shown in Figure 4.
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Figure 4. One-dimensional mean-line design methodology.

3. Set-Up of the CFD Model
3.1. Geometry and Mesh

Based on the preliminary design of the compressor flow path by means of the 1D
model, the final 3D geometry of the compressor was produced by employing the com-
mercial blade modeler software BladeGen [32], which allows us to create and modify
appropriately different types of turbomachinery. The design of the compressor was divided
into two separate models: one for the impeller and the other for the diffuser. Both models
were then assembled to simulate the operation of the whole compressor.

For the mesh generation, the commercial software TurboGrid [33] was used, implement-
ing a finer mesh near the blade surface and a coarser one toward the center of the flow.
Automatic topology and meshing methods were used, resulting in a high-quality mesh that
avoids the “negative volume problem” (i.e., the creation of distorted cells that are identified by
the fact that they have negative volume), which would possibly occur by using the traditional
mesh generation method. Figure 5 presents aspects of the meshes that were derived by the
meshing tool for the aerodynamic analysis of the impeller and diffuser, respectively.
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3.2. Mesh Independence Study

A mesh sensitivity study is necessary to ensure the independence of the results on
the mesh size. The number of total nodes was investigated to examine the impact of the
mesh refinement on the solution. To this end, the average values of flow temperature and
density at the outlet were defined to be the indicative quantities. Table 6 presents these
values as calculated by the various grids of different size. According to this table, both the
outlet temperature and density exhibit relatively small deviations as the mesh gets thicker.
The third mesh, with a total number of nodes equal to 8 × 105, is considered suitable as a
compromise between the mesh size and solution accuracy, and this was finally adopted for
the numerical simulation.

Table 6. Properties variation at the outlet as the number of nodes increases.

Case 1 2 3 4 5 6

Nodes 6.6 × 105 7 × 105 8 × 105 9 × 105 10 × 105 11 × 105

Temperature (◦C) 327.818 327.860 327.832 327.752 327.601 327.613
Density (kg/m3) 722.858 723.256 722.966 722.233 721.395 721.375

3.3. Boundary Conditions

The commercial CFD solver CFX 18.1 [33], employing 3D Navier–Stokes equations,
was adopted to perform all of the numerical simulations. For the computational method,
based on a finite-volume approach, an implicit compressible formulation with second-order
spatial discretization was used. The shear stress transport (SST) variant of the two-equation
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k-ω model was implemented to close the Reynolds-averaged Navier–Stokes equations.
Steady-state CFD simulations were performed. For all calculations, the average y+ value
was kept close to unity within the boundary layer. The reference pressure was set to zero
and the rotational speed was equal to 7549 rpm. The heat transfer model for this study
was selected as the total energy, including the option of viscous work. The total inlet
temperature and pressure were selected as the inlet boundary conditions and are presented
in Table 3. In particular, a stationary type of boundary condition was set at the inlet, where
the initial turbulence intensity was chosen to be 5% and turbulence length scale 5% of
the inlet mean diameter estimated from the 1D model.The mass flow was defined as a
boundary condition for the outlet, also as stationary, while an active mass flow outlet
constraint was set up. A smooth wall was assumed for the entire investigation. For the
impeller, rotating boundary conditions were considered for its moving part, while the
stationary parts of the compressor, namely the extended inlet, shroud and vaned diffuser,
were specified as counter-rotating walls. Interfaces were set up within the tip clearance
region. The modeling of a single passage was selected to save computational time; therefore,
a component periodicity was selected, setting up periodic interfaces at the outer sides of the
selected passage, which were modeled with the multiple reference frame (MRF) method
between rotating and stationary domains. The convergence criteria of the calculation were
based on the reduction in the RMS of momentum and energy residuals below 10−4, as well
as the reduction in the RMS of the mass residual, stage polytropic efficiency and pressure
coefficient below 10−6.

3.4. Real Gas Effect

The working fluid properties directly affect the solution of the Navier–Stokes equations.
Thus, the consideration of real gas, employing the suitable equation of state for CO2 instead
of that of perfect gas, is key to accurately solving the continuity, momentum and energy
equations. However, the real gas properties of CO2 are not included in CFX libraries. These
were included in an external look-up table, namely the real gas properties (RGPs) file,
which was generated in-house on purpose and was coupled with the flow solver. The
lookup tables include the metastable vapor region as defined by the thermodynamic model.
Table 7 exhibits the deviation in the density between the model proposed by Span–Wagner
(SW), which is considered as the most accurate for CO2 in the literature, and other models
for carbon dioxide for conditions around the critical point. It is noticed that the model with
the most significant deviation from the SW model is that of perfect gas, but none of the
other EOSs deviate less than 13% with respect to the SW one.

Table 7. Relative difference in CO2 density between Span–Wagner model and various EOS models
for conditions of 7.69 MPa and 304.3 K.

Equation of State Model Density (kg/m3) Relative Difference (%)

Span–Wagner 598.81 -
Perfect gas 133.41 −77.7

Redlich–Kwong 484.55 −19.1
Aungier/Redlich–Kwong 519.14 −13.3

Soave/Redlich–Kwong 477.8 −20.2

Nine main properties were included in the real gas properties (RGPs) table: specific
entropy, specific enthalpy, speed of sound, specific volume, specific heat at constant pressure
and volume, dynamic viscosity, thermal conductivity and partial derivative of pressure
with respect to specific volume at constant temperature. In order to produce the look-up
table, a proprietary MATLAB code was developed that utilized fluid properties obtained
from the NIST Refprop [34] database and applied the Span–Wagner model. The RGP
table was generated within a temperature range of 290 to 400 K and a pressure range of
5 to 25 MPa, encompassing the entire operating range of the compressor and eliminating
the need for extrapolations during the simulation. Additionally, in order to improve the
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accuracy of modeling CO2 behavior close to the critical point and address simulation
instabilities arising from CO2’s significantly nonlinear behavior in the pseudo-critical
region, an RGP table was designed with additional values in this region. This enables
the solver to interpolate the properties between points of the table; thus, the solution
accuracy could be affected by the number and distance of various states registered in the
database, referring to the region in the vicinity of the critical point. In order to attain a
suitably accurate solution, the RGP table with the required number of parameters was
analyzed. Multiple ‘interpolating’ grids were selected and adopted in the examined region,
augmenting the number of values in this area from 100 up to 600 points and evaluating
variations in the specific heat capacity. Figure 6 illustrates the table’s precision at a constant
pressure of 7.69 MPa, which corresponds to the compressor inlet pressure.
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7.69 MPa as the points of the look-up table increase.

4. Results and Discussion

After carrying out the numerical simulations and performing the appropriate post-
processing, the thermodynamic and aerodynamic characteristics of the flow for the design
operating point of the compressor were examined. This section demonstrates the variation
in the internal flow field of the supercritical CO2 along the impeller and diffuser paths.
Moreover, the possibility of two-phase flow at the compressor inlet was investigated
because of the vicinity of the inlet total temperature to the critical point.

Firstly, a comparison between the results of the mean-line analysis by the developed
software tool and the CFD results is presented in Table 8 in terms of characteristic quantities
that arise from the simulations. There is a very good agreement between the CFD analysis
and the 1D model, exhibiting a maximum deviation of 2.5% found for the total pressure at
the outlet.

Table 8. Comparison between 1D mean-line and numerical results for validation.

Parameters 1D Numerical Difference (%)

T0,in (K) 304.4 304.4 -
T0,out (K) 337.2 329.8 2

P0,in (MPa) 7.679 7.68 -
P0,out (MPa) 20.1 19.64 2.5
ρs,out (kg/s) 686.8 705.29 2
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Figure 7a illustrates a lateral view of the impeller showing the distribution of the
total pressure at mid-span, while Figure 7b illustrates the total pressure at mid-span of the
diffuser. The mean total pressure at the impeller outlet was calculated to be approximately
21 MPa, whereas its value at the diffuser outlet was 19.7 MPa.
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Figure 7. Total pressure: (a) lateral view at impeller mid-span; (b) blade-to-blade view at diffuser
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Similarly, Figure 8a,b depict the field of the total temperature at mid-span along the
impeller and the diffuser, respectively. The impeller outlet total temperature was estimated
as 329.8 K and a similar value was predicted for the total temperature at the diffuser outlet.
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As discussed above, the possibility of two-phase flow at the leading edge of the
impeller was investigated due to the acceleration of CO2 being in supercritical state. Due to
flow acceleration along the blade suction flow path, close to its leading edge, the sequence
of working fluid states may cross the saturation curve, making it possible for condensation
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to exist. Figure 9 presents such a situation in a pressure–temperature diagram, showing
how the flow from point A may cross the saturation curve passing to point C in the two-
phase region, where liquid and vapor phases coexist. In the present study, an attempt
was made to identify areas of potential condensation occurrence by examining the flow
acceleration and pressure distribution at the blade.
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Figure 9. Pressure–temperature diagram showing the process of condensation due to pressure drop.

Figure 10 illustrates the Mach number for the relative component of the velocity in a
blade-to-blade view along the passages of the impeller and diffuser. It is observed that the
flow accelerates along the blade’s pressure side at the leading-edge region as the relative
Mach number increases. In order to examine the impact of this increase on the static
pressure variation, Figure 11 presents the corresponding distribution of static pressure
along the impeller and diffuser. As expected, in the region of flow acceleration, pressure
locally decreases, and, due to the vicinity of inlet CO2 conditions to its critical state, the
appearance of condensation at that region of the impeller is possible.
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Figure 11. Blade-to-blade view of static pressure field.

The Span–Wagner equation of state is accurate only in the stable region, whereas its
extrapolation into the metastable region leads to unreliable results even from a qualitative
point of view since the thermodynamic properties cannot be defined by this EOS. When
the flow accelerates, a local expansion takes place. If the expansion process continues
(condensation does not take place in an equilibrium state), the fluid is in a metastable
region. Therefore, the fluid properties had to be calculated by CFX based on the values
of the spinodal curves, showing local stability with respect to small fluctuations. In order
to determine regions of possible condensation, the local value of the static pressure ratio
P/Psat was used as an indicator; ratio values lower than unity dictate regions of possible
condensation. Figure 12 presents the contours of this ratio at the leading edge region of the
blade suction side.
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Figure 12. Contours of the local flow ratio of pressure to saturation pressure at the leading edge of
the suction side.

Furthermore, the creation of local super-volumes by means of stacking neighboring
grid volumes that exhibit a ratio value lower than unity was implemented in order to
visually locate the regions of potential supersaturation where condensation could start.
These super-volumes are depicted in Figure 13, according to which, the extent of the
possible two-phase flow region seems to be rather restricted and is considered to not be
significant. However, a small change in the operating conditions, such as higher values of
the compressor flow coefficient or higher rotational speeds, can increase the extent of this
region and make it significant.
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5. Conclusions

A preliminary design of the main centrifugal compressor of a recompression s-CO2
Brayton cycle was presented; this compressor is required to operate close to the critical
point so as to minimize the compression work. A one-dimensional model was developed,
utilizing pressure loss correlations available in the literature, concerning air as the working
fluid. The model was validated against experimental results in predicting outlet conditions
of a CO2 compressor with known geometry and inlet conditions (direct problem). The
same model was then implemented to calculate the main geometric characteristics of a
compressor with known inlet and outlet conditions (inverse problem). These conditions
were dictated by a thermodynamic analysis of the aforementioned cycle. Subsequently, a
fully three-dimensional numerical simulation of the designed centrifugal compressor was
performed, considering a real gas behavior for CO2, instead of an ideal one.

The requirement of compressor operation in the vicinity of the critical point is crucial
since small changes in flow properties there may result in significant changes in its perfor-
mance. Thus, the accuracy of Span–Wagner EOS in evaluating real gas properties near the
critical point was studied. In particular, the effect of the number of points used around the
critical point in the look-up table was assessed. The use of 600 points was demonstrated to
reduce the relative error to 0.3% compared to the use of 100 points. Minimizing the error
in that region leads to smaller fluctuations in gas properties, which is expected to provide
more credible CFD results.

Furthermore, the possibility of condensation at the leading edge of the impeller suction
side was investigated, where local flow acceleration and a subsequent decrease in pressure
and the speed of sound are expected. In order to identify regions of possible two-phase
flow, the local ratio of flow pressure to saturation pressure was utilized. By demonstrating
iso-surfaces of this ratio, possible two-phase regions were identified, confirming that the
flow along the upper part of the impeller inlet may operate at risk of condensation.

The present work by the authors aimed to be a first step toward developing, in the
long-term, numerical tools and knowledge for in-depth research on flow characteristics
and the design optimization of compressors suitable for supercritical carbon dioxide cycles.
A challenging objective for future research will be the redesign of the blade leading edge
for avoiding the possibility of condensation, enhancing the margin of stable supercritical
operation and improving the overall compressor efficiency.
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Nomenclature

A Passage area (m2) ∆hs Enthlapy difference (kJ/kg)
cp Spec. heat capacity (J/kgK) ρ Density (kg/m3)
c Absolute velocity (m/s) σ Slip factor
dt Tip diameter (m) Ω Rotational speed (Hz)
Kdiff Parameter of the diffuser’s curvature effect ω Pressure loss
lch Channel width (m) Subscripts
L Impeller length (m) 1 Inducer
.

m Mass flow rate (kg/s) 2 Impeller inlet
m Meridional coordinate 3 Impeller outlet
Pr Prandtl number 4 Diffuser inlet
ri Radius (m) 5 Diffuser outlet
Re Reynolds number b Impeller blade
t Blade thickness (m) ch Channel
w Relative velocity (m/s) rad Radial coordinate
Z Number of vanes d Diffuser blade
Greek symbols Abbreviations
α Flow angle with tangential direction s-CO2 Supercritical carbon dioxide
β Blade angle with tangential direction LTR/HTR Low/high-temperature recuperator
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