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Abstract: This article presents a proposal and a numerical analysis of a hydraulic system consisting
of one constant capacity pump supplying multiple receivers in the form of hydraulic motors, based
on the example of a rail grinder. The proposed approach requires splitting the stream of the working
fluid, which was achieved using 2-way flow control valves. As part of the preliminary CFD studies,
the pressure and velocity distributions of the flow control valve were obtained, and the discharge
coefficient of the valve nozzles was determined as a function of the valve spool position. Then, a
mathematical model of the system was formulated, which was used to build a simulation model in
the Matlab/Simulink environment. Next, the ability of the system to achieve the assumed operating
parameters and its energy efficiency in a given load range were tested. The results indicate that the
system can effectively perform the required work cycles with sufficient accuracy.
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1. Introduction

In hydraulic systems, there is sometimes a situation where a single pump simultane-
ously supplies many receivers connected in parallel. This is an advantageous solution from
an economic point of view as it significantly reduces the cost and complexity of the power
supply system. However, using a single-pump hydraulic drive for multiple consumers
raises problems related to splitting the fluid stream. It is required to ensure that the correct
operating parameters of all receivers are maintained, regardless of their characteristics and
load differences. Due to the vast possibilities of use in practice, numerous studies have
been carried out on this subject. Bekele et al. [1] developed a multi-actuator hydraulic
control system based on an integrated electro-hydraulic energy converter (IEHEC pump).
The division of the fluid stream was realized by fast-switching solenoid on/off valves and
a dedicated digital controller. The simulation models were built in the Simulink/Mevea
environment, and numerical tests were conducted. Based on the obtained results, the au-
thors declare a 20% increase in efficiency compared with the conventional valve-controlled
fluid power circuit. Yao et al. carried out research on energy management in an extensive
system with multiple power sources and receivers [2]. A multi-source network hydraulic
system with the corresponding power management strategy and the switching supervisory
controller was developed to recover energy and reduce the throttling losses. Both simula-
tions and laboratory experiments demonstrated that the proposed system might reduce
engine input power by up to 60%. However, it should be noted that this is an expensive
solution and requires sophisticated digital control systems. Lisowski and Filo [3] analyzed
the discharge coefficient of a proportional directional control valve, taking into account
geometric modifications of the spool in the form of additional undercuts influencing the
valve characteristics at low flow rates. Based on the obtained flow coefficient as a function
of the spool position and the flow rate, a system structure with three receivers powered by
one fixed-capacity pump was presented. The problem of synchronous movement control of
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multiple hydraulic actuators powered by a single pump was the subject of two publications
by Guo et al. First, a leader-following control system with lumped uncertainties involving
uncertain hydraulic parameters and unknown external load was developed [4]. Next, feed-
back linearization was applied to guarantee the control system stability under nonlinear
dynamics and unknown load circumstances [5]. The authors verified the effectiveness of the
controller by both simulations and test bench experiments. Similar problems also appear in
vehicles” hydraulic control systems, which usually include multiple actuators [6,7].

The crucial elements of the developed system are flow control valves. Valves of this
type provide a constant output flow rate independent of the pressure drop. Research on
the development of flow control valves mainly concerns the modifications in the structure
or design of new control systems. A flow control valve with a digital flow compensator
was proposed by Huang et al. [8]. The compensator provided reasonable static control
characteristics with a significantly reduced dead zone. In turn, Okhotnikov et al. [9]
presented a novel design of a rotary hydraulic flow control valve operating at high flow
rates above 150 liters per minute. Similarly, Lisowski and Filo in [10] analyzed the flow
characteristics of a proportional flow control valve and made some modifications to the
spool geometry to improve its characteristics. Some studies focus on flow rate control
in specific practical applications, such as the electro-hydraulic hitch control valve of an
agricultural tractor [11] or a flow control valve for stroke speed adjustment of a robotic
lifting device [12]. Regarding research on advanced control techniques of flow control
valves, there are also publications on using artificial intelligence methods, such as genetic
algorithms [13,14] and neural networks [15-17].

This article analyzes the operation of a grinding machine intended for railway rails or
other similar elements. A characteristic feature of this device is that, due to the complex
profile of the rail, it is necessary to use multiple grinding wheels, all of which must be
driven simultaneously and at a similar rotational speed, regardless of the actual load.
Due to the high temperature at the grinding site, the potential use of electrical equipment
also poses significant problems. Therefore, after the analysis, it was decided that using a
hydraulic system could be much more advantageous. This solution is beneficial because it
does not require electricity. Furthermore, while using hydraulic oil as the working medium,
it is possible to dissipate heat from the hydraulic motor to the cooling system, even in a
distant location. The article proposes a solution in which one pump supplies at least four
receivers simultaneously. Instead of the frequently applied electronic digital regulator,
a hydraulic valve block consisting of two-way flow regulators and directional valves was
used for control in this case. This was due to relatively low requirements for rotational
speed control accuracy. On the other hand, the presented solution is durable, low-cost and
resistant to environmental conditions. This system’s operation was modeled and analyzed
using ANSYS/Fluent and Matlab /Simulink environments.

2. Working Principle of a Valve Block

The research object in the form of a grinder valve block is shown in Figure 1.

Figure 1. Scheme of the analyzed valve block: 1—connection plate; 2—flow control valve;
3—electromagnetic control valve; 4—relief valve; P, T—connection ports.
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The valve block includes a connection plate (1) that supplies hydraulic oil to multiple
parallel-connected flow control valves (2). There are also 4-way, 2-position electromagnetic
control valves (3) mounted on the plate, which switch on or off the flow of the working
medium to individual hydraulic motors and relief valves (4) that make it easier to stop the
engine movement after cutting off the supply of working fluid.

A simplified hydraulic system circuit diagram is shown in Figure 2. A single pump (1)
supplies the hydraulic motors (5) to which the grinding disks are attached. The fluid flow
is controlled by a block containing flow control valves (2) and electromagnetic valves (3).
The grinding wheels rotate at a high speed of more than 5000 rpm. After cutting off the
supply flow to the hydraulic motor, it is necessary to enter the braking phase because
the high inertia of the grinding disk can keep it rotating for a long time. Therefore, relief
valves (4) inhibit motor movement after the flow has been cut off since the resistance
moment created by maintaining relatively high pressure in the return line stops rotation
effectively. Separate motors may have different load values but must operate approximately
at a similar rotational speed. Obtaining the appropriate speed value is ensured by flow
control valves, which enable the supply of a proper fluid stream and protect against an
excessive increase or decrease in revolutions due to sudden load changes.

Ttm2

Figure 2. Hydraulic system diagram: 1—supply unit with a single pump; 2—flow control valve;
3—electromagnetic control valve; 4, 6—relief valve; 5—hydraulic motor.

The main aim of this article is to investigate whether the applied flow control valves
can maintain the required speed and compensate for the effects of unfavorable phenomena
related to the differentiation of loads imposed on individual motors.

3. Mathematical Model of the System

The mathematical model includes equations describing pressures in lumped volumes,
flow rates at specific points and equations of motion of movable elements. The model
contains a pump, relief valves, flow control valves, solenoid control valves and hydraulic
motors. The input signal is the pump output Qp. A constant value of the flow rate was
assumed, taking into account the linear increase in the start-up time and the pulsation
characteristic for multi-piston pumps:

z/2-1 :
Qolt) = G- wo(t) - Y sin(awp-t+22)), )
j=0

where the piston stroke rate per revolution g,.; depends on the design parameters of the
pump ki and ky. For the applied version, it can be written as a function of the control
signal upymp(t):

Qrev(t) = Qmax k1 - Sin(kZ : upump(t))/ 2
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and the angular speed wy(t) is maintained constant except the start-up time tsq,+ when it
increases linearly:

w “t/tstarr  fort < tsart
wo(t) _ nom star ‘S ar (3)
Wrom otherwise.

The mass conservation equation formulated for the supply line has the following form:

dp;ft) = B¢ /Vo - (Qo(t) — Qo1 (t) — Qoa(t) — Qo3 (t) — Qoa(t) — Qrer(t))- @

The relief valve opens when supply line pressure exceeds the specified value:
Qret(t) = f(po(t))- ®)

The flow control valve mathematical model was created following the denotations
shown in the cross-sectional view (Figure 3).

Figure 3. Cross-sectional view of a flow control valve: 1—body; 2—spring tension adjuster; 3—spool;
4—control insert with a nozzle; 5—spring; A—input; B—output.

The inflow and outflow rates, respectively, Qp; and Qp;, where i =1, ..., 4 is the valve
index, may be calculated using the following equations:

Qui(t) = At i \/2/p - [po(t) — pr(D)], (6)

Quilt) = Auni(x1) - puai(x:) - \/2/p - [prit) = pai(h)]. 7)

The input nozzle has a fixed area depending on the insert used. For the nominal
diameter di; = 3.5 mm, the nozzle area is A, ; = 9.62 mm?. Therefore, the discharge
coefficient has also been assumed constant, y,1; = 0.7. On the contrary, the output nozzle
area and discharge coefficient depend on the spool position. The nozzle area A, ; = f(x;)
is shown in Figure 4, while the discharge coefficient y,; = f(x;) is determined in the next
section by means of CFD method.

30 ¢
25
€ 20 S~
Esf ~
[ 10 [ \
< i \\
5 N ~~
0
0 0.5 1 1.5 2 2.5 3 3.5
Xi (mm)

Figure 4. Output nozzle area of the flow control valve against the spool position.
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The equation of the valve spool motion of mass m; takes into account hydrostatic
forces, viscous friction and spring tension force:

dPxi(t)

ml? = Fhsl,i - Fth,i - F(p,i - Fspr,i- (8)

The hydrostatic force comes from the pressure difference acting on the front area
of the spool: Fys1; — Fyspi = As - (p1i(t) — po(t)). The viscous friction force is propor-
tional to the fluid viscosity 77, damping factor ¢; and spool velocity: Fy;(t) = 1 - ¢; - %
Spring force includes initial spring tension and deflection due to valve spool displacement:
Fopr,i(t) = (Xspr,i + Xi(t)) - kspr,i- The required pressure inside the flow control valve py;(t)
can be calculated from the mass conservation equation:

dP;it(t) = B¢/ V1i - (Qoi(t) — Qui(t)). ©)

The 2-position directional valves control the inflow of the working medium to individ-
ual hydraulic motors based on the swON; control signal:

Qoi(t) =

{Qli(t) when swON; = 1 (10)

0 when swON; = 0

The hydraulic motor model was created based on a model proposed by Wachholz et al.
in [18]. The mass conservation equation is used to determine the pressure inside the motor
working chamber based on the input flow rate Q3;, rotational speed w; and the volumetric
displacement of the motor D,y, ;:

dpsi(t
%() = By/ Vi - (Qai(t) — wi(t) - Dimji)- (11)
The motor shaft rotational speed can be calculated concerning resultant moment of
inertia I, ;, pressure-generated driving torque, load torque Ty, and friction torque Ty, ; as

a reaction to damping and frictional forces:

dw;(t
Im,z' dlt( ) = Cm,i . (p3i(t) - Pret) - TLm,i(t) - Tfr,i(wi)r (12)

where friction torque Tj,; takes into account Coulomb friction T¢,, static friction Tsm,
Stribeck velocity ws ;; and viscous friction with the ¢, coefficient:

Tfr,i(wi) = Ten + (Tsm — Tem) exp(f(wi(t)/ws,m)z) + Pm - wi(t). (13)

The formulated mathematical model is consistent and complete. It is the base for the
simulation model in the following parts of the work.

4. Discrete Model and CFD Analysis

CFD analysis included studies of the flow through the flow control valve, which
allowed the discharge coefficient to be determined as a function of spool position. The geo-
metrical valve model was built in PTC Creo, while CFD simulations were carried out using
the ANSYS/Fluent university research package.

4.1. Determination of Boundary Conditions and Turbulence Model

The boundary condition at the inlet was the average fluid velocity (velocity speci-
fication method: Magnitude, Normal to Boundary). Due to the specificity of the valve
operation in the tested system, a fixed flow rate value Q;, = 25.0 dm?® min—! was assigned.
The static pressure (outlet condition: Gauge Pressure) with the value of po,t = 0.1 MPa
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was assumed as the boundary condition at the outlet. The overview of physical parameters
used in CFD studies and then in the Simulink model is shown in Table 1.

Table 1. Physical model parameters.

Kinematic Viscosity Density Temperature Flow Rate Outlet Pressure Reynolds Number
v P T Qin Pret Re
m?.s~! kgm3 °C dm3 min~! MPa —
41-10°° 870 50.0 25 0.1 (2.1 -265)-10°

The estimated value of the Reynolds Number (see Table 1) indicates transient or
turbulent flow, depending on the valve spool position. Based on the review of the literature
related to CFD studies on hydraulic pumps ([19]) and valves ( [20-23]), the k — € turbulence
model was chosen. Initial tests were performed to select one of the available variants of
the k — ¢ model: Standard, Realizable and RNG. As the differences in results obtained with
individual variants are negligible, the Standard k — € variant was finally chosen since it
required the shortest computation time. In this case, the calculations were approximately
10% and 11% faster than using the Realizable and RNG variants. The chosen turbulence
model is based on determining factors such as kinetic energy of the turbulence k, kinetic
energy dissipation € and turbulent viscosity y; using the transport equations [24-27].
The required factors are calculated using the specific model parameters as intensity I,
length scale ¢ and constants: sy, s¢, Ci¢, Coc and C,,. Table 2 summarizes the parameter
values assigned for the flow control valve model taking into account the aforementioned
publications and general ANSYS recommendations [28].

Table 2. Turbulence model parameters.

Kinetic Energy Kinetic Energy Turbulent Viscosity Tuyrbulence  Length
Constant Dissipation Constants Constant Intensity Scale
sk () se () Cie () Coe () Cu ) (%) ¢ (mm)
1.0 1.3 1.44 1.92 0.09 45-6.1 0.14-0.49

4.2. Meshing and Mesh Quality Assessment

The geometrical fluid model was created in PTC Creo. Then, it was meshed using
prism elements at boundary layers and tetrahedrons in the bulk flow. A pressure-based
solver was used to achieve the pressure-velocity coupling, taking into account the con-
vergence condition 10~* for both mass and momentum residuals. After the initial mesh
generation according to ANSYS recommendations, the flow simulation was performed at
the fixed flow rate Q = 25.0 dm> min~! and the spool position x; = 2.0 mm. Subsequent
simulations were then performed by applying the progressive mesh refinement technique.
As a result, mesh density was increased; however, the computation time was significantly
extended. The geometric model in longitudinal section is shown in Figure 5a, while an
exemplary mesh (case 3) is shown in Figure 5b. The pressure drop values obtained as a
function of the mesh density are summarized in Table 3.

Table 3. Mesh quality assessment.

Case No. Nodes No. Elements Comput. Time Pressure Drop
1. Initial 2.8-10° 1.5-10* 11 min 6.26 MPa
2. 8.8-10% 49-10° 105 min 5.43 MPa
3. 5.8 -10° 3.3-10° 590 min 5.14 MPa

4. 1.1-10°0 6.4 -10° 1760 min 5.15 MPa
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b) Details of “Mesh® 3 x
Export Format Standard ~
Export Preview Surface Mesh | No |

= sizing
Use Adaptive Sizing No
Growth Rate Default (1.2}
Max Size 0.2mm
Mesh Defeaturing Yes
Deteature Size 2.2-002 mm
Capture Curvature Yes
Curvature Min Size 2.0:002 mm
Curvature Normal Angle | Default (13.)
Capture Proximity No
Bounding Box Diagonal | 39776 mm
Average Surface Ares 782 mm?
Minimum Edge Length 036827 mm
* Quaiity
+ Inflation
# Advanced |
-
Nodes 583505
Elements 3257070

Figure 5. Flow control valve: (a) cross-sectional view of a geometric model, (b) case 3 of the
meshed model.

The first mesh refinement caused the resulting pressure drop value to change by 13.2%
and the second by 5.3%. However, further refinement did not change the result significantly,
with a considerable extension of the calculation time. Hence, the case 3 model was adopted
for further analysis.

4.3. CFD Simulation Results

CFD simulations were carried out for the valve spool position x; = 0.0,0.5, ...,3.0 mm
and the fixed flow rate Q = 25.0 dm®min~!. The obtained pressure distributions in the
longitudinal cross-section plane for the spool positions x; = 0.0,1.0,2.0 mm are shown in
Figure 6, while the corresponding velocity distributions are shown in Figure 7, respectively.

a) b) )

Erse B e
3.340+06 346406 505108
3.00e+06 3.0e+06 45+06
2,67e+06 2.7e+06 406108
2.33e+06 2.4e+06 .
2.00e+06 2.0e+06 8006
1.67e+06 170106 2.5¢+06
1.33e+06 146406 2.0e+06
1.00e+06 150106
6.686+05 Lo e
2340105 6.8e+05 5.0e+05
e 346405 0.0e+00

Pa) 0.0e+00 [Pa]

[Pa]

Figure 6. Pressure distribution depending on the spool position: (a) x; = 0.0 mm, (b) x; = 1.0 mm,
(c) x; = 2.0 mm; A—inflow port; B—outflow port; n1, np—nozzles.

a) b) c)

g(e)lrgg:? 1 Velocity Xﬂﬁﬁﬁ?ﬂ
7.976e+01 Contour 1 8.4e+01
7.179e+01 8.0e+01 .
6.381e+01 7.2e+01 i
5.583¢+01 6.dex01 5.9¢+01
4.786e+01 56601 5.0e+01
3.988e+01 4.8e+01 4.2¢+01
3.191e+01 4.0e+01 3.4e+01
2.393¢+01 3.2e+01 2.5e+01
1.595e+01 2.4e+01 1.7e+01
7.976e+00 1.6e+01 8.4e+00
0.000e+00 8.0e+00 0.0e+00

[m/s] 0.06+00 [m/s]

[m/s]

Figure 7. Velocity distribution depending on the spool position: (a) x; = 0.0 mm, (b) x; = 1.0 mm,
(c) x; = 2.0 mm; A—inflow port; B—outflow port; 11, np—nozzles.
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The given flow rate value Q; with the obtained Ap,; pressure drop (Table 4) and
Ayp nozzle area (Figure 4) were used to determine the discharge coefficient of the nozzle,
according to the formula:

2 = Q1 (A2) 1 \/p/2 (Apn2) L. (14)

Table 4. The 1, nozzle discharge coefficient y,,» calculation.

Q1 x1 Anz Ap Apm Apuo Fn2
dm3 min—1! mm mm? MPa MPa MPa -)
25 0.0 28.3 3.02 1.70 1.32 0.268
25 1.0 194 3.29 1.71 1.58 0.356
25 2.0 8.3 5.14 1.73 3.41 0.565

The achieved dependence of the discharge coefficient against the spool position
tn2 = f(x1) is shown in Figure 8.

0.7

0.6 I /*/-F 3¢ X
2205
Soaf //
03 L
0.2 |

|
0 0.5 1 1.5 2 2.5 3 3.5

X1 (mm)

Figure 8. Discharge coefficient of the output nozzle of the flow control valve against spool position.

5. Modeling and Simulations in Matlab/Simulink

A general view of the hydraulic system model created in Simulink is shown in Figure 9.

As seen from the figure, the input signal, in the form of pump output, can be set by
the Upymp signal. The fluid stream is directed to the supply line (line 0) and then divided
into four parallel lines, each containing a flow control valve, a switch valve and a hydraulic
motor. The working fluid supply to each motor can be opened or shut off by the switching
valve using the swON_i signal. Each valve can also be assigned an initial spring tension
(x_spri) and a load torque T_Lm i, wherei =1...4.

A crucial component of the flow control valve model is the flow equation through the
1y nozzle, considering variable area and discharge coefficient. A block of this subsystem
created for valve index 1 is shown in Figure 10. The input parameters are pressures on
both sides of the nozzle pi1(t) and pa; (t), respectively, and the current spool position xj (t).
In the bottom part of the diagram, LookupTable blocks are placed. The blocks are used to
determine parameters which depend on the spool position x1, including the nozzle area
App1 and the discharge coefficient 1,5 1.
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TLoad_22 TLoad_23
swOMN_2 swiOMN_3
T LOAD2 T Lm p_22 p_23 T Lm
Q_22 on On Q_23
hydraulic_motor_m2 m m hydraulic_motor_m3
\J) \»)
switchON2 p22(t) > p23(1) switchON3
x_s02 o off x_s03
Qz2(t) Q23(t)
Qo2(t) pO(H | PO() Qo3(t)
flow control valve 2 + switch valve 2 flow control valve 3 + switch valve 3
TLoad_21 o 1 — TLoad_24
T_LOAD1 T Lm p_21 p_24 T Lm
Q21 on on Q_24
m hydraulic_motor_m1 m hydraulic_motor_m4
ON_1 \ \J
*_spri switchOMN1 p21(t) - ——»{ p24(t) switchON4
% sO1 x_s01 x_s04
— Q21(t) Q24(t)
Qo1() pO(Y | P0() Qo4(t)
flow control valve 1 + switch valve 1 flow control valve 4 + switch valve 4
P Q04 Ir-\l
P Q01 » p0 U ! Pﬂﬁ[’ Qret
P Q03 T
M 0 -
P Q02 P relief_valve
J—b Qo
Upump—p @ Qo P Qret

U=6.6V

line 0: pump - flow control valves

Figure 9. Simulink model of the hydraulic system.

—»’—M u » Vi > x —»(1)
} - Q21(t)
p21(t) mu_n2,1(x) d
1-D T(u
A_n2,1(x) N
1-D T(u) X
2 ) \—>|: >—P
x_1(t)

4 holes

Figure 10. Simulink model of the 115 nozzle flow equation.

Tank

In the first stage, the system operation was simulated with a constant torque load of
each hydraulic motor. Next, the feasibility of typical operating cycles was checked. In each
case, it was verified that the grinding wheels met the condition of obtaining the minimum
rotational speed. Selected parameters of fixed values are presented in Table 5.
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Table 5. Fixed values of simulation model parameters.

Start-Up Flow Control Valve Hydraulic Motor
Time Spool Diam. n1 Diam. n2 Diam. Spring Rate Vol. Disp. Mom. Inertia
Estart gDv,i gDnl,i %] DnZ,i kspr,i Dm,i Im,i
s mm mm mm Nmm™! cmd rot ! kg m?
0.25 12.0 3.5 3.0 20.0 5.02 0.008

5.1. Simulations with Constant Load Torque

In the first stage, the system operation was analyzed under the condition that all
hydraulic motors are loaded with the same torque of a constant value. Taking into account
technical parameters of the modeled system components, two load levels were adopted,
a low moment value of Ty,, = 5.0 Nm and a high one Tj,, = 75.0 Nm. The obtained
results in both cases are shown in Figure 11 and Figure 12, respectively.

a) 125 25 b) 6250 80
100 \ 20 5000 64
. H \20 Po J
< P U P L L = Wit Wrys Wings Wiy .
€ 75 H—+ 15 ® £ 3750 48°E
o h) o > S
£ 1 =3 <] 1 =
S 5o |1 10 o 22500 32,5
o H C/ZL,( Qp1 Qo Qs Qs | 1P {PsrPe : 3 Tt T Ty T E :
] /
| 25 f_/__ ___________ e 5 ! 1250 Z 16 !
o B+ ; . : —1 0 of— . : ; —1 0
0 1 2 3 4 5 1 2 3 4 5
t(s) t(s)
Figure 11. Results with constant load moment of low value T;,, = 5.0 Nm: (a) flow rates and
g Lm
pressures; (b) rotational speed of hydraulic motors and load moments.
a)125 25 b) 6250 80
i \ i Lm1’-PLmZV 7—Lm37 T md 1
100 20 5000 64
I \Q Po | \ ]
= jm=mpoccadeccan I A S, = Wit} Wins Wiy Wrmg .
€ 75 H+4 15 % £ 3750 48°E
o [} == > =
E 2 @ i 1 =
550 v 10 o <2500 32,5
Q Q,,Q,,,Q,,,Q, PotsPoofPozPos | ] 3 L i 1
] ret 211 P2y X231 X4 o et |
] / [}
| 25 | /F 5 ! 1250 16 !
o L : : . : 0 oH— : . . T 0
0 1 2 3 4 5 0 1 2 3 4 5

t(s) t(s)

Figure 12. Results with constant load moment of high value T;,, = 75.0 Nm: (a) flow rates and
pressures; (b) rotational speed of hydraulic motors and load moments.

In each case, the initial tension of springs in all flow control valves was adjusted to
obtain the required rotation speed at the given load regarding the valve characteristics:
an increase in pressure causes a slight decrease in the flow rate. Pump delivery was set
to 108 dm® min~?!, which provides the necessary flow rate to all receivers with a slight
surplus. The pressure in the supply line was limited to pg = 16 MPa through a relief valve.
This value ensures the sufficiently high driving torque of all hydraulic motors. It should be
noted that maintaining the supply line pressure too high leads to significant energy losses.

The subsequent test involved loading each hydraulic motor with a different loading
moment. The assumed values were 17,1 =5 Nm, T;,0 =25 Nm, Tj,,,3 = 50 Nm and
Trma = 75 Nm. The flow rates and pressures in the individual lines of the system are
shown in Figure 13a, while the graphs of loading moments and the obtained rotational
speeds are demonstrated in Figure 13b, respectively.
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To ensure the correct system operation in a wide range of load torques, it was necessary
to modify the settings of the valve springs. In particular, the initial tension of all springs,
in this case, had to ensure the required flow rate at maximum load. The obtained results
show that this causes a slight increase in the rotational speed of the engines with the least
load. However, from the view of the system’s proper operation, it is acceptable, particularly
since the maximum difference in the rotational speed values does not exceed 5%.

As shown by the analysis carried out at this stage, flow control valves can provide the
sufficient flow rate required to obtain the appropriate speed of rotation of the hydraulic
motors, regardless of the pressure differences caused by various load torque values.
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Figure 13. Results with various loads of individual motors from the range of 5 — 75 N m: (a) flow
rates and pressures; (b) rotational speed of hydraulic motors and load moments.

5.2. Simulations of Typical Operating Cycles

The second stage of the research concerned the feasibility of typical operating cycles.
Figures 14 and 15 show the time courses of the parameters as the grinding wheel is
gradually pressed against the rail, and then the clamping force is reduced. The maximum
load torque is equal to 12 N m and is differentiated for individual hydraulic motors in the
range of 10% and 30%, respectively. In turn, Figures 16 and 17 show the cycle of pressing
the grinding wheel against the rail several times with a maximum load torque 75 N m.
Moreover, in this case, the load moments were differentiated by 10% and 30%, similarly to
the previous one.

The obtained results indicate that with significant load changes (70-75 N m) in a short
time of 0.2-0.3 s, there is a temporary change in the value of the rotational speed of the mo-
tors. As the load torque increases, rotational speed declines down to min. 4750 rot min~1.
On the contrary, as the load torque decreases, the rate rises to max. 5330 rot min~!. How-
ever, this disturbance does not exceed £7% and is compensated for by the flow control
valve in fewer than 0.5 s, and therefore does not significantly affect the system operation.

5.3. Discussion of the Results

The results of numerical analyses show that the proposed system allows the required
parameters of hydraulic motors to be obtained in the entire load range. Rotational speeds
are maintained above minimum values regardless of the loading torque. However, the sys-
tem’s energy efficiency is also an important issue to consider. For the assumed pressure
value on the relief valve py,; = 16 MPa, the system requires approximately Py = 21.6 kW
of supply power. The useful power on a single hydraulic motor with a torque load of
Trmi = 5.0 Nm, which generates a pressure of py; = 4.2 MPa (Figure 11), is P; = 1.75 kW.
This means that the effective power share is AP, ff = 4-1.75/21.6-100 = 32.4%. However,
energy efficiency increases if the load is close to the maximum load. In the case of the
load of the motors with a moment of Tj,,; = 75 Nm, the pressure is py; = 10.4 MPa
(Figure 12), and the useful power P; = 4.33 kW. The effective power share in this case is
APyrr =4-4.33/21.6-100 = 80.2 %.
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Figure 14. Operating cycle in a low load range, Ty mqx = 12 N m, with load variation of particular
motors by 10%; (a) flow rates and pressures; (b) rotational speed of hydraulic motors and load torques.
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Figure 15. Operating cycle in a low load range, Ty mqx = 12 N m, with load variation of particular
motors by 30%; (a) flow rates and pressures; (b) rotational speed of hydraulic motors and load torques.
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Figure 16. Operating cycle in a high load range, Tt ax = 75 N m, with load variation of particular
motors by 10%; (a) flow rates and pressures; (b) rotational speed of hydraulic motors and load torques.
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Figure 17. Operating cycle in a high load range, T1,; max = 75 N m, with load variation of particular
motors by 30%; (a) flow rates and pressures; (b) rotational speed of hydraulic motors and load torques.

6. Summary and Conclusions

The article concerns the numerical analysis of a hydraulic system in which it is neces-
sary to divide the stream of working fluid into multiple receivers connected in parallel on
the example of a rail grinder. This issue is crucial from a practical point of view because
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it reduces the device’s total cost by simplifying the hydraulic supply system and not re-
quiring advanced electronic control systems. The analyzed system included a hydraulic
supply unit containing a variable displacement pump and a relief valve which supplied
four operating lines connected in parallel. Each line consisted of a flow control valve,
a switch valve, a hydraulic motor and a relief valve. The motors were loaded with an
external torque of a constant or variable value. The system was designed to work with the
nominal pressure in the supply line pg = 16 MPa and the flow rate through each of the
receivers Qp; = 25 dm® min~!. In the first stage, a geometric model of the flow control
valve was built, and CFD tests were carried out to obtain pressure and velocity distribu-
tions and calculate the discharge coefficient. Then, a mathematical model of the whole
hydraulic system was formulated. Based on the CFD results and the mathematical model,
a simulation model was built in the Matlab/Simulink environment. Numerical analyses
were carried out, which showed that the proposed solution ensures the maintenance of
appropriate operating parameters, regardless of the value and course of the load torque.
Detailed conclusions:

*  The proposed solution can be used in practice in systems with the requirement to keep
the controlled parameter above the threshold value. This work concerned, in particular,
the maintenance of the minimum flow rate, and thus required rotational speed of
hydraulic motors regardless of the load;

*  Theapplied hydraulic components do not require an electric power supply, which is es-
pecially important under the track grinder working conditions: continuous movement,
high temperatures in the grinding area and the influence of weather conditions;

*  The flow rate settings can be adjusted to a small extent by modifying the initial tension
of the valve spring x;,,. The settings can be changed in a broader range by using a
valve spring with a different stiffness ksp,. Finally, valves of larger or smaller nominal
sizes can also be used;

e  Itis essential to pre-define a load torque range and adapt the relief valve settings to
minimize energy loss during the implementation of operating cycles. The highest
energy efficiency achieved when working under a load close to the maximum was
approximately 80%. However, with a low load of about 10% of the allowable value,
the energy efficiency drops to 30%.
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Nomenclature

Indices

0 supply line

i, wherei =1..4 flow control valve and hydraulic motor index
m hydraulic motor

ret return line

v flow control valve
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Parameters

Antir Anzir As flow control valve 11, ny nozzle area, spool area (m?)
By fluid bulk modulus (Pa)

Cie, Coe, Cy turbulence model constants (-)

Cuir Dy i design parameters of a hydraulic motor (-)

Fustis Fnsais Fspris Fp,i  force acting on spool: hydrostatic 1, 2, spring, viscous
friction (N)

I¢ turbulence model factors: intensity, length scale (-, m)
L i hydraulic motor shaft + grinding wheel moment of
inertia (kg m?)
Py, P; supply power, useful power on the i-th motor (kW)
Qo, Qret flow rate: pump, return line (dm® min—1)
Qoi, O1; flow rate: inlet and outlet of flow control valve (dm® min~!)
Qo flow rate at inlet to hydraulic motor (dm3 min~1)
Tfr,,», T.,m, Ts,m motor friction torque, Coulomb torque, static torque (N m)
Trmi torque load of the motor (N m)
Upump pump control signal (V)
Vo, Vii, Vai volume: supply line, inside flow control valves, motor lines (m3)
kspri valve spring stiffness (N m~1)
m; valve spool mass (kg)
Po, Pret pressure: supply line, return line (MPa)
P1is P2i pressure: inside flow control valve, hydraulic motor
line (MPa)
Grevs Gmax pump piston stroke rate/max. stroke rate per
revolution (m3 rev—')
Sk, Se turbulence model constants (-)
t, tstart time, start-up time (s)
x; valve spool position (m)
Xspr,i initial tension of valve spring (m)
z number of pump pistons (-)
Appa pressure drop at valve nozzle (MPa)
APysy effective power share (%)
7 fluid dynamic viscosity (Pas)
v fluid kinematic viscosity (m2s71)
Mnlir Wn2,i discharge coefficient of flow control valve nozzles (-)
Ut turbulent viscosity (m2s~1)
0 fluid density (kg m~2)
P flow control valve spool damping coefficient (N s m~!)
Om hydraulic motor damping factor (m)
wo, Whom pump rotational speed, pump nominal speed (revs~!)
Wi, Ws,m motor rotational speed, motor Stribeck velocity (revs™!)
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