
Citation: Zhang, W.; Zhang, C.;

Miao, X.; Li, L.; Deng, S. Research

on the Power Loss of High-Speed

and High-Load Ball Bearing for

Cryogenic Turbopump. Machines

2022, 10, 1080. https://doi.org/

10.3390/machines10111080

Academic Editor: Davide Astolfi

Received: 24 October 2022

Accepted: 12 November 2022

Published: 16 November 2022

Publisher’s Note: MDPI stays neutral

with regard to jurisdictional claims in

published maps and institutional affil-

iations.

Copyright: © 2022 by the authors.

Licensee MDPI, Basel, Switzerland.

This article is an open access article

distributed under the terms and

conditions of the Creative Commons

Attribution (CC BY) license (https://

creativecommons.org/licenses/by/

4.0/).

machines

Article

Research on the Power Loss of High-Speed and High-Load Ball
Bearing for Cryogenic Turbopump
Wenhu Zhang 1, Chaojie Zhang 1,*, Xusheng Miao 2, Liang Li 3 and Sier Deng 1

1 School of Mechatronics Engineering, Henan University of Science and Technology, Luoyang 471000, China
2 Xi’an Aerospace Propulsion Institute, Xi’an 710012, China
3 Luoyang Bearing Research Institute Corporation Limited, China National Machinery Industry Corporation,

Luoyang 471039, China
* Correspondence: zhangchaojst@163.com

Abstract: This paper studies the lubrication characteristics of ball bearings for cryogenic turbopumps.
First, the frictional coefficients between 440C and a Ag coating, 440C and solid PTFE (polytetrafluo-
roethylene), and 440C and a PTFE coating in LN2 (liquid nitrogen) are obtained using a ball-on-disk
testing machine under a high sliding speed in the range of 0 to 8 m/s and a high contact stress in the
range of 2.5 to 3.5 GPa. Dynamic and power loss models of high-speed and high-load ball bearings
are established to study the key factors affecting the heat generation characteristics. In order to verify
the correctness of these two theoretical models, a coupled fluid-thermal finite element model is built
to evaluate the temperatures of the outer ring under different bearing speeds, which are then proved
by experiments with ball bearings for cryogenic turbopumps. The results show that the power loss
due to the spinning-sliding of the ball and the churning and drag of LN2 account for more than
80% of the total power loss; the spin-roll ratio of the ball on the inner raceway is a key indicator for
this type of ball bearing, and the relatively small radial clearance and contact angle are suggested.
Both of the proposed theoretical models have sufficient accuracy and can be used in the performance
evaluation and optimization design of bearings.

Keywords: cryogenic turbopump; ball bearing; dynamic model; power loss; coupled fluid-thermal
finite element model

1. Introduction

Liquid propellant rockets with high performance are a key element of orbital launch
systems [1,2]. To reduce launch costs and increase efficiency, advanced rocket engines are
required. Among the many factors, ball bearings are the key component to support the
rotation of the cryogenic turbopump within the rocket engine [3,4]. Analysis of actual
systems shows that most breakdowns of the cryogenic turbopump are connected with
the failure of the ball bearings, which means that the performance of bearings directly
determines the lifespan of the orbital launch system.

Gibson H G [5] reviewed the history of space shuttle main engine turbopump bearing
testing at the Marshall Space Flight Center, describing the typical failure characteristics of
bearings and analyzing the failure mechanism through a metallurgical analysis. In order to
meet the expected life goals of bearings in space shuttle main engine high-pressure oxidizer
turbopumps, Gibson H G [6] developed a new bearing material with a better manufacturing
technique, improvement of cage materials for better lubrication, and substitution of the
steel ball with a silicon nitride ball to improve the wear resistance and thermal stability of
the bearing. Moore L [7] tested hybrid ceramic rolling element bearings in liquid hydrogen
at Marshall Space Flight Center to evaluate their long-term durability for use at high-speed
in cryogenic rocket engine turbomachinery. Dufrane K F [8] measured the film thickness
between two contact surfaces of bearings in an LN2 environment and demonstrated that
the contact surfaces are not effectively separated by the film. Nosaka, Oike, Kikuchi [9–11]
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studied the self-lubricating properties, film-forming, and film-breaking properties of the
PTFE transfer film of high-speed ball bearings in a LE-7 rocket engine. Subsequently,
Nosaka [12–14] studied the wear, transfer film, and self-lubricating performance of hybrid
ceramic ball bearings for rocket turbopumps, and analyzed the effects of an iron fluoride
layer on the durability of the high-speed ball bearings. Chang et al. [15] carried out the
experiments with a Hertzian pressure in the range of 2.0 to 3.0 GPa and with a high rolling
velocity of up to 48 m/s and analyzed the effects of materials and surface roughness on the
scuffing characteristics of rolling/sliding contacts cooled and lubricated with LO2 (liquid
oxygen). Wang Liqin [16] tested the frictional characteristics of self-lubricating hybrid
ceramic ball bearings in LN2. The results showed that pitting was found on the steel races,
and the power loss of a hybrid ceramic ball bearing is lower than that of an all-steel ball
bearing. Nosaka [17] tested a hybrid ceramic bearing consisting of Si3N4 balls and an
all-steel bearing in LH2 (liquid hydrogen) at speeds of up to 120,000 rpm, 3 million DN
(bearing bore diameter/mm × speed/rpm), under thrust loads of up to 3140 N and sealed
pressures of up to 1.7 MPa. The authors studied the effect of cooling medium flow on the
temperature and evaluated the critical load capacity for the hybrid ceramic bearings and
all-steel bearings. Deng Sier, Ma Meiling [18] discussed the key factors affecting ultra-low
temperature bearing in a liquid rocket engine and carried out structural optimization design
of the bearings using the multi-objective optimization method. Li Hongliang, Zhang Xu [19]
analyzed the reasons for ring bands and blackish charring appearing on the surface of a
steel ball after tests and pointed out that the flash temperature and instant oxidation are the
primary causes. Masataka [20] presented a topical review of previous cryogenic tribology
studies on the research and development of bearings for LH2 turbopumps and analyzed
the friction, wear characteristics, and existing friction problems of low-temperature ball
bearings in LE-5 and LE-7. Servais C [21] performed tests on a cryotechnic ball bearing in
a LO2 environment, and found that a sudden increase in temperature occurred beyond
a critical loading of the bearing; the reasons for which were explained. V Vartha [22]
made a failure analysis of the ball bearings of a turbopump in a liquid rocket engine and
presented the root cause of the bearing failure and recommendations to avoid such failures.
Choe B [23] used computational fluid dynamics software to calculate the fluid force of
the cage and studied the influence of the ball-cage pocket and guide clearances on the
trajectory of the center of mass of the cage under different drag coefficients. The same
group [24,25] used experimental methods to study the effects of guidance clearance, cage
ball-pocket clearance, and dynamic imbalance of ball bearings on the core trajectory, the
vortex frequency of the cage, and the frictional moment and wear state of the bearing under
an ultra-low temperature environment. Wang Q [26] used a ball-on-disk tribometer to
study the effects of temperature, load, and sliding speed on the tribological properties of
PTFE composites in cryogenic temperatures and demonstrated that the friction coefficients
fall as the load increases. Based on a test with a ball bearing with a PTFE retainer and a Ag
coating on the surfaces of the raceways, Miao [27] analyzed the PTFE transfer film and the
wear of the Ag coating and revealed the formation and the evolution of the PTFE transfer
film. Kwak W [28] proposed a hydrodynamic friction model considering the hydrodynamic
effect of cryogenic fluids via a ball-on-disk experiment under the Hertzian pressure of
1.114 GPa and with a slip velocity in the range of 0.2 to 3.0 m/s, and experimentally studied
the dynamic behavior of a cryogenic bearing. Through experiments, Su Bing [29] studied
the frictional characteristics of 440C-Ag coating, 440C-PTFE coating, and 440C-solid PTFE
under ultra-low temperatures, high sliding speed (8 m/s), and high contact stress (3.5 GPa).
Xia Z [30] tested a fully ceramic ball bearing under cryogenic conditions and heavy loads
and analyzed the tribological behavior of the ball bearing. Su H [31] presented an improved
quasi-static model for cryogenic bearings in a liquid hydrogen pump considering the effect
of centrifugal expansion and shrinkage on the bearing rings and studied the effect of the
rotating speed and axial preload on dynamic characteristics and friction of bearing. Gupta
and Gibson [32,33] established a dynamic analysis model of cryogenic ball bearings based
on the experimental study of the 440C drag coefficient [34], and studied the heat generation
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of the ball bearing, which were validated by experiments, and made a comparison of total
power loss between the all-steel ball bearing and a hybrid ceramic ball bearing.

To sum up, most research into ball bearings for cryogenic turbopump incline towards
experimental studies, with theoretical studies being relatively scarce, especially for high-speed
and high-load ball bearing. In light of this, this paper focuses on a high-speed and high-
load ball bearing for use in cryogenic turbopumps. Firstly, the frictional coefficients of the
bearing’s contact surfaces are measured using ball-on-disk experiments. Dynamic, power
loss and coupled fluid-thermal finite element models for the ball bearing in the cryogenic
turbopump are established to study the key factors governing heat generation and evaluate
the temperature of the outer ring, the results of which are verified by experiment with ball
bearings in a cryogenic turbopump. This study will contribute to the performance evaluation
and optimization design of high-speed and high-load ball bearings for cryogenic turbopumps.

2. Theoretical Models of Ball Bearing for Cryogenic Turbopump
2.1. Frictional Coefficients of Bearing’s Contact Interfaces

For ball bearings in cryogenic turbopumps, a PTFE cage is applied to provide lubrica-
tion in the cryogenic liquid. Due to the fact that the PTFE transfer film originating from the
PTFE cage cannot immediately form at the beginning of their operation, it is often desirable
to deposit a solid lubricant coating with a certain thickness on the raceways to provide
bearing lubrication. When the bearing runs for a while, the PTFE is transferred to the balls
through contacts between the balls and the PTFE cage and is further transferred to the
raceways continuously through contacts between the balls and the inner/outer raceway.
The lubrication states of the contact surfaces in the different working phases of a ball
bearing are shown in Figure 1.
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Figure 1. The lubrication states of bearing contact surfaces in the different working stages.

In this experiment, the experimental time is 200 s, the ambient temperate is −175 ◦C,
the sliding velocity ranges from 0 to 8.0 m/s, and the contact stress ranges from 2.5 to
3.5 GPa, both of which ranges are much larger than those in Ref. [28].

By using a ball-on-disc testing machine [29], the frictional coefficients of 440C-Ag
coating, 440C-solid PTFE, and 440C-PTFE coating under different contact stresses and
sliding speeds were measured. By fitting the experiment data, the frictional coefficient µ is
expressed as a function of the sliding velocity in Equation (1), which is originally suggested
by Kragelskii [35]. This equation is well-known and was widely used in many papers. At
here, we draw the Figure 2 to show the variation tendency of the Equation (1) clearly.

µ = (A + Bv)e−Cv + D (1)

where A, B, C, and D can be obtained by the sliding velocity v and contact stress P, Km is
the maximum frictional coefficient, K∞ is the frictional coefficient at infinite sliding velocity,
and Sm is the sliding velocity at the maximum frictional coefficient.
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Figure 2. Change of frictional coefficient with sliding velocity [35].

The ball-disc test specimens are shown in Figure 3. The parameter values under
different contact interfaces are shown in Table 1.

Machines 2022, 10, x FOR PEER REVIEW 4 of 23 
 

 

( ) CvA Bv e Dμ −= + +  (1)

where , ,A B C , and D  can be obtained by the sliding velocity v and contact stress P, 

mK  is the maximum frictional coefficient, K∞  is the frictional coefficient at infinite slid-
ing velocity, and mS  is the sliding velocity at the maximum frictional coefficient. 

The ball-disc test specimens are shown in Figure 3. The parameter values under dif-
ferent contact interfaces are shown in Table 1. 

 
Figure 2. Change of frictional coefficient with sliding velocity [35]. 

Table 1. The values of Sm, Km, K∞ under different contact interfaces. 

Contact Interface 440C–Ag Coating 440C-PTFE Coating 440C-PTFE 
Contact Stress 2.5 GPa 3.0 GPa 3.5 GPa 2.5 GPa 3 GPa 3.5 GPa 12 MPa 16 MPa 20 MPa 

Sm (m/s) 3.0 3.3 3.6 2.44 2.56 2.66 2.58 2.52 2.46 
Km 0.138 0.128 0.121 0.130 0.126 0.119 0.125 0.127 0.137 
K∞ 0.124 0.116 0.102 0.109 0.105 0.100 0.106 0.110 0.117 

The comparisons between the computation results of Equation (1) and the experi-
mental data for the 440C-Ag coating, 440C-PTFE coating, and 440C-solid PTFE are shown 
in Figure 4. The maximum relative errors are all less than 10%. 

   
(a) (b) (c) 

Figure 3. Ball-disc test specimens. (a) 440C-Ag-coated disk. (b) 440C-PTFE-coated disk. (c) 440C-
solid PTFE disk. 

Fr
ic

tio
na

l c
oe

ffi
ci

en
t

Sliding Velocity (m/s) Sm

Km

K∞

Figure 3. Ball-disc test specimens. (a) 440C-Ag-coated disk. (b) 440C-PTFE-coated disk. (c) 440C-solid
PTFE disk.

Table 1. The values of Sm, Km, K∞ under different contact interfaces.

Contact Interface 440C-Ag Coating 440C-PTFE Coating 440C-PTFE

Contact Stress 2.5 GPa 3.0 GPa 3.5 GPa 2.5 GPa 3 GPa 3.5 GPa 12 MPa 16 MPa 20 MPa

Sm (m/s) 3.0 3.3 3.6 2.44 2.56 2.66 2.58 2.52 2.46
Km 0.138 0.128 0.121 0.130 0.126 0.119 0.125 0.127 0.137
K∞ 0.124 0.116 0.102 0.109 0.105 0.100 0.106 0.110 0.117

The comparisons between the computation results of Equation (1) and the experimen-
tal data for the 440C-Ag coating, 440C-PTFE coating, and 440C-solid PTFE are shown in
Figure 4. The maximum relative errors are all less than 10%.
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2.2. Dynamic Model of Ball Bearing
2.2.1. Coordinate System

In this paper, the outer ring is fixed, the inner ring rotates, and the cage is guided by
the outer ring. The component’s mass center coincides with its centroid. In order to build
the dynamic model of the ball bearings, five coordinate systems are defined, as shown in
Figure 5 and explained in Table 2. In the figure and the table, the subscript i represents
the inner ring, o represents the outer ring, b represents the ball, c represents the cage and j
represents the jth ball.
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Table 2. Definitions of the coordinate systems.

Coordinate System Name Coordinate System Symbol Coordinate System Definition

Inertial coordinate system SO = {O; X, Y, Z} X-axis coincides with rotating axis of bearing, and
YZ-plane parallels to radial plane through bearing center.

Coordinate system of the jth ball sbj =
{

obj; xbj, ybj, zbj
} obj coincides with ball’s mass center, ybj axis is along

radial direction of bearing, and zbj axis is along
circumferential direction of bearing.

Coordinate system of cage’s sc = {oc; xc, yc, zc}
xc-axis coincides with rotating axis of cage, yczc-plane

parallels to radial plane through cage center, oc coincides
with geometric center of cage.

Coordinate system of inner ring si = {oi ; xi , yi , zi}
xi-axis is along with rotating axis of inner ring, yizi-plane

parallels with radial plane through inner ring mass
center, oi coincides with geometric center of inner ring.

Coordinate system of the jth cage pocket center spj =
{

opj; xpj, ypj, zpj
} opj coincides with geometric center of cage pocket,

ypj-axis is along radial direction of bearing, and zpj-axis is
along circumferential direction of bearing.
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2.2.2. Nonlinear Dynamics Differential Equations of the jth Ball

In Figure 6, η, ξ denote the long axis and short axis of the contact zone, respectively;
α is the contact angle between the ball and raceway; ωb is the angular velocity of the ball,
which can be decomposed into the spin angular velocity of the ball ωbx, ωby, ωbz; and
ωso, ωsi are the spin angular velocities of the ball, respectively.

ωso = ωby cos αo + ωbz sin αo (2)

ωsi = ωby cos αi + ωbz sin αi (3)
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The spin-roll ratio of the ball can be written as:

SRo = ωso/ωro (4)

SRi = ωsi/ωri (5)

where SRo is the spin-roll ratio of the ball on the outer raceway; SRi is the spin-roll ratio of
the ball on the inner raceway; and ωro, ωri are the rolling angular velocities of the ball on
the outer ring and inner ring, respectively.

When ball bearings are working at high speed, the forces acting on the jth ball are
shown in Figures 7 and 8.

Machines 2022, 10, x FOR PEER REVIEW 7 of 23 
 

 

 
Figure 7. Forces between the jth ball and the raceways. 

Where ,ij ojQ Q  are the normal contact forces between the jth ball and the raceways; 
, , ,ij oj ij ojT T T Tη η ξ ξ  

are the frictional forces along the long axis and short axis of the contact 
zone between the jth ball and the raceways;

 cjQ  is the collision force between the jth ball 
and the cage; cD  is the outer diameter of the cage; cd  is the inner diameter of the cage; 
and pD  is the diameter of the cage pocket. 

 
Figure 8. Forces between the jth ball and the cage. 

The forces acting on the cage are shown in Figure 9. cω  is the orbital angular veloc-
ity; e  is the relative eccentricity of the cage center, ,Yc ZcΔ Δ   are components of e  
along the ,Y Z  directions. cφ   is the angle between cy  and Y− , 0h  is the minimum 
fluid film thickness, ,cx cyF F  are components of the hydrodynamic force acting on the 
cage’s surface along the ,c cy z  directions; and cxM  is the friction moment acting on the 
cage’s surface. 

Figure 7. Forces between the jth ball and the raceways.



Machines 2022, 10, 1080 7 of 22

Machines 2022, 10, x FOR PEER REVIEW 7 of 23 
 

 

 
Figure 7. Forces between the jth ball and the raceways. 

Where ,ij ojQ Q  are the normal contact forces between the jth ball and the raceways; 
, , ,ij oj ij ojT T T Tη η ξ ξ  

are the frictional forces along the long axis and short axis of the contact 
zone between the jth ball and the raceways;

 cjQ  is the collision force between the jth ball 
and the cage; cD  is the outer diameter of the cage; cd  is the inner diameter of the cage; 
and pD  is the diameter of the cage pocket. 

 
Figure 8. Forces between the jth ball and the cage. 

The forces acting on the cage are shown in Figure 9. cω  is the orbital angular veloc-
ity; e  is the relative eccentricity of the cage center, ,Yc ZcΔ Δ   are components of e  
along the ,Y Z  directions. cφ   is the angle between cy  and Y− , 0h  is the minimum 
fluid film thickness, ,cx cyF F  are components of the hydrodynamic force acting on the 
cage’s surface along the ,c cy z  directions; and cxM  is the friction moment acting on the 
cage’s surface. 

Figure 8. Forces between the jth ball and the cage.

Where Qij, Qoj are the normal contact forces between the jth ball and the raceways;
Tηij, Tηoj, Tξij, Tξoj are the frictional forces along the long axis and short axis of the contact
zone between the jth ball and the raceways; Qcj is the collision force between the jth ball
and the cage; Dc is the outer diameter of the cage; dc is the inner diameter of the cage; and
Dp is the diameter of the cage pocket.

The forces acting on the cage are shown in Figure 9. ωc is the orbital angular velocity;
e is the relative eccentricity of the cage center, ∆Yc, ∆Zc are components of e along the
Y, Z directions. φc is the angle between yc and −Y, h0 is the minimum fluid film thickness,
Fcx, Fcy are components of the hydrodynamic force acting on the cage’s surface along the
yc, zc directions; and Mcx is the friction moment acting on the cage’s surface.
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The nonlinear dynamics differential equations of the jth ball are shown as Equations (6)–(11):

Qij sin αij −Qoj sin αoj + Tηij cos αij − Tηoj cos αoj + PSξ j + PRξ j = mb
..
xbj (6)

Qij cos αij −Qoj cos αoj − Tηij sin αij + Tηoj sin αoj + Fη j − PSη j − PRη j + FNj sin ϕbj = mb
..
ybj (7)

Tξoj − Tξij + Qcj − FDj − Fτ j + FNj cos ϕbj = mb
..
zb (8)

Tξoj cos αojDw/2 + Tξij cos αijDw/2−
(

PSη j + PRη j
)

Dw/2− Jx
.

ωxj = Ib
.

ωbjx (9)

− Tξoj sin αojDw/2− Tξij sin αijDw/2− Gyj −
(

PSξ j + PRξ j
)

Dw − Jy
.

ωyj = Ib
.

ωbjy − Ibωbjz
.
θbj (10)

TηojDw + TηijDw/2− Gzj − Jz
.

ωzj = Ib
.

ωbjz + Ibωbjy
.
θbj (11)
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where mb is the mass of the ball; FNj is the centrifugal force of the jth ball;
..
xbj,

..
ybj,

..
zbj

are the displacement accelerations of the jth ball; Ib is the moment of inertia of the ball;
ϕj is the azimuth angle of the jth ball;

.
ωxj,

.
ωyj,

.
ωzj are components of the ball’s angular

acceleration in the xbj, ybj, zbj directions; ωbjx, ωbjy, ωbjz are the angular velocities of

the jth ball;
.

ωbjx,
.

ωbjy,
.

ωbjz are the angular accelerations of the jth ball;
.
θbj is the orbit

speed of the jth ball; Dw is the ball diameter; Fη j, Fτ j are components of the ball’s inertial
force; PRη j, PRξ j are the rolling frictional forces acting on the ball’s surface; PSη j, PSξ j are
the sliding frictional forces acting on the ball’s surface; Jx, Jy, Jz are components of the
ball’s moment of inertia in the xbj, ybj, zbj directions; Gyj, Gyj are components of the ball’s
moment of inertia in the ybj, zbj directions; and FDj is the resistance acting on the ball by
the fluid medium.

2.2.3. Nonlinear Dynamics Differential Equations of the Cage

The nonlinear dynamics differential equations of the cage are shown as Equations (12)–(17):

BN

∑
j=1

(
PSη j + PRη j + Qcxj

)
= mc

..
xc (12)

BN

∑
j=1

[(
PSξ j + PRξ j

)
cos ϕj + Qcyj

]
+ Fcy = mc

..
yc (13)

BN

∑
j=1

[(
PSξ j + PRξ j

)
sin ϕj −Qczj

]
+ Fcz = mc

..
zc (14)

BN

∑
j=1

[(
PSξ j + PRξ j

)Dw

2
−Qcj

Dpw

2

]
+ Mcx = Icx

.
ωcx −

(
Icy − Icz

)
ωcyωcz (15)

BN

∑
j=1

[(
PSη j + PRη j

)Dpw

2
sin ϕj

]
= Icy

.
ωcy − (Icz − Icx)ωczωcx (16)

BN

∑
j=1

[(
PSη j + PRη j

)Dpw

2
cos ϕj

]
= Icz

.
ωcz −

(
Icx − Icy

)
ωcxωcy (17)

where mc is the mass of the cage;
..
xc,

..
yc,

..
zc are the displacement accelerations of the

cage mass center; Icx, Icy, Icz are the moments of inertia of the cage; ωcx, ωcy, ωcz are
the angular velocities of the cage;

.
ωcx,

.
ωcy,

.
ωcz are the angular accelerations of the cage;

Qcxj, Qcyj, Qczj are components of Qc; BN is the ball number; and Dpw is the pitch diameter
of the bearing.

2.2.4. Nonlinear Dynamics Differential Equations of the Inner Ring

The nonlinear dynamics differential equations of the inner ring are shown in Equations (18)–(22):

Fx +
BN

∑
j=1

Qij sin αij = mi
..
xi (18)

Fy +
BN

∑
j=1

(Qij cos αij cos ϕj + Tξij sin ϕj) = mi
..
yi (19)

Fz −
BN

∑
j=1

(Qij cos αij sin ϕj + Tξij cos ϕj) = mi
..
zi (20)

My +
BN

∑
j=1

(
rijQij sin αij sin ϕj +

Dw

2
fiTξij sin αij cos ϕj

)
= Iiy

.
ωiy − (Iiz − Iix)ωizωix (21)
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Mz +
BN

∑
j=1

(
rijQij sin αij cos ϕj −

Dw

2
fiTξij sin αij sin ϕj

)
= Iiz

.
ωiz −

(
Iix − Iiy

)
ωixωiy (22)

where mi is the mass of the inner ring;
..
xi,

..
yi,

..
zi are the displacement accelerations of the

inner ring mass center; Iix, Iiy, Iiz are the moments of inertia of the inner ring; ωix, ωiy, ωiz
are the angular velocities of the inner ring;

.
ωiy,

.
ωiz are the angular accelerations of the

inner ring; Fx, Fy, Fz, My, Mz are the external loads and moments acting on the inner ring;
and rij = 0.5dm − 0.5Dw fi cos αij, fi is the inner ring raceway curvature radius coefficient.

2.3. Power Loss Model of the Ball Bearing

The power loss of the ball bearing consists of ball-to-race interaction, ball-to-cage
contact, cage-to-race contact, elastic hysteresis in rolling, and churning loss and drag loss
in the cryogenic liquid.

(1) The power loss of the ball sliding along the direction of the short axis:

HM =
∫

S
vbdF (23)

dF = µ(x, y)P(x, y)dS (24)

where vb represents the relative sliding velocity between two contact surfaces; S is the area
of the contact zone; and dF is the friction force on dS. µ can be calculated from Equation (1).

(2) Power loss due to the spinning sliding of the ball:

HS =
∫ a

−a

∫ b[1−(x/a)2]
1/2

−b[1−(x/a)2]
1/2 µ(x, y)ωs

(
x2 + y2

)1/2

Pmax

[
1−

( x
a

)2
−
(y

b

)2
]1/2

dydx (25)

In Figure 10, ωi is the angular velocity of the inner ring; Pmax is the maximum contact
stress between the ball and raceway; a is the ellipse contact length; b is the ellipse contact
width; θ is the angle between dS and the long axis; and l is the distance between dS and oe.
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(3) Power loss due to the elastic hysteresis

ME =
3

16
Qbαr (26)

HE = MEωc (27)
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where Q is the contact load between the ball and inner/outer ring; and αr is the elastic
hysteresis coefficient and is equal to 0.07;

(4) Power loss due to the contact between the ball/ ring and the cage:

Hcage = µcQcvbc + Mcωc (28)

where µc is the frictional coefficient between the cage and ball, whose expression is shown
in Equation (1); and vbc is the sliding velocity between the ball and the cage pocket.

(5) Power loss due to churning and drag

The drag force on the ball’s surface is generally estimated by the empirical drag
coefficient for a spherical body:

FD = CD

[
1
2

ρVb
2 Ab f

]
(29)

Hdrag =
1
2

FDωcDw (30)

where FD is the computed drag force; CD is the drag coefficient; ρ is the effective density of
the liquid; Vb is the orbiting velocity of the ball, and Ab f is the frontal area of the ball and
liquid. The calculation expressions of these symbols refer to Ref. [33].

When a fluid passes through the cage, there will be a loss on the cylindrical surface,
and the empirical formula for the churning moment on the surface is written as:

Mc =
1
2

fcρU2 Ac f r (31)

Hc = Mcωc (32)

where U is the mass average velocity of the fluid; r is a reference radius from the center
of rotation; Ac f is the frontal area of the cage and liquid and fc is the friction factor. The
calculation expressions of those symbols refer to Ref. [33].

(6) Total power loss

The power loss of the contact areas is defined as:

CTotal = HM + HS + HE + Hcage (33)

The total power loss of the ball bearing is defined as:

HTotal = CTotal + Hdrag + Hc (34)

3. Analysis of Power Loss of the Ball Bearings of a Cryogenic Turbopump

The major parameters of ball bearings for cryogenic turbopumps are shown in Table 3.
It is assumed that the ball bearing is dipped in LN2.

Table 3. Major parameters of ball bearings for cryogenic turbopumps.

Item Value

Bearing outside diameter (mm) 218
Bearing bore diameter (mm) 118

Bearing width (mm) 40
Ball diameter (mm) 26.988

Material of inner ring, outer ring, ball 440C
Material of cage PTFE

Material of raceway coating Ag
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3.1. Component of Power Loss

When a ball bearing within a cryogenic turbopump start to work, the process can be
divided into three stages, as shown in Figure 11. In the stage of (0~t3), the contact state between
the ball and raceway is 440C-Ag coating, and then changes to 440C-PTFE transfer film in the
stage of (t3~t4), before finally transferring to 440C-440C in the stage of (t4~t6) due to the severe
wear of the contact interfaces. Due to the difference in contact interface, the values of the total
power loss in the three stages are obviously different, the calculation results of which are shown
in Figure 11 when the ball bearing is working at the given load and speed.
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Figure 11. Power loss of ball bearing during the operation.

When the ball bearing is working at different speeds, the components of power loss in
the three stages are shown in Figure 12.
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Figure 12. Power loss of the ball bearing under different DN values.

In Figure 12, it can be seen that: (1) The power loss of the ball bearing is the largest
when the contact interface is in the stage of 440C-440C, the next is with 440C-Ag coating,
the last is with 440C-PTFE transfer film. (2) HS, Hdrag and Hc represent more than 80% of
the power loss of the ball bearing within a cryogenic turbopump, and, in particular, HS
represents more than 45% of the loss, and will be discussed in detail in the next section. So,
special attention should be paid to the spin slip of the ball for high-speed and high-load
ball bearings in cryogenic turbopumps. (3) HS increases with the increase in speed, but the
proportion of HS is dwindling, which is elaborated on in the next section. (4) The total of
Hdrag and Hc are increasing with DN due to the increasing churning speeds of the balls and
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cage. (5) The contact interface has less effect on Hcage, Hdrag, HE and Hc, but has a certain
effect on HM due to the three contact interfaces with different frictional coefficients.

In addition, the power losses in the contact areas of the balls-inner ring and balls-outer
ring are obviously different. In Figure 13, the image on the right shows a partial zoom-in of
the ellipse area. It can be seen that the power loss in the contact area of the balls-inner ring
is much larger than that in the contact area of the balls-outer ring, especially HS, which
receives special attention in the thermal field analysis described in the next section.
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Figure 13. Power loss in the time domain.

3.2. Influence of Structural Parameters on Power Loss

Because of the design constraints of ball bearings, the structure and dimensions of the
cage and ball cannot be greatly changed, which has little effect on the Hcage, Hc and Hdrag
at constant load and speed. So, the major structural parameters, such as outer raceway
diameter De, inner raceway diameter di, raceway curvature radius fi and fo, etc. are selected
as the influencing factors of the power loss in the contact areas of the balls-inner ring and
balls-outer ring here. Moreover, in order to explain how the major structural parameters
affect the power loss, the maximum value of Pvi(o), the spinning sliding velocity vi(o), the
spinning angular velocity ωi(o), the maximum contact stress Pi(o), the spin-roll ratio SRi(o),
the length of the elliptical contact area ai(o) and bi(o), etc. must be set. It should be noted
that the results below are based on the assumption that the contact interfaces between
balls and raceways are in the stage of 440C-Ag coating. The analysis results of 440C-PTFE
transfer film and 440C-440C show the same trend and will not be discussed here.

3.2.1. Influence of Outer Raceway Diameter De on Power Loss

Outer raceway diameters De in the range of 192.426 to 192.606 mm were studied,
and the power loss, ωi(o), ai(o), bi(o), Pi(o) and other dynamic parameters are shown in
Figure 14. It can be concluded that with the increase in De, the total power loss CTotal in
the contact area is increasing with the increase in HS. HSo is not plotted due to the small
value, which can be reflected according to Pvo. This is because the radial clearance of the
ball bearing increases with the increase in De and the contact angle αi(o), which lead to a
significant increase in SRi(o), vi(o) and ωi(o), but a minor reduction in Pi(o), ai(o) and bi(o).
According to Equation (25), the increase in HSi is well-reasoned, as well as that of Pvi.
Therefore, minimizing the outer raceway diameter De is one way to reduce the power loss
if the design constraints of the bearing are satisfied.
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Figure 14. Influence of outer raceway diameter De on the power loss.

3.2.2. Influence of Inner Raceway Diameter di on Power Loss

Inner raceway diameters in the range of 138.368 to 138.548 mm were studied, and the
power loss, ωi(o), ai(o), bi(o), Pi(o) and other dynamic parameters are shown in Figure 15.
It can be concluded that with the increase in di, the total power loss CTotal is decreasing due
to the decrease in HSi. HSo is not plotted due to the small value, which can be reflected
according to the Pvo. This is because the radial clearance of the ball bearing decreased with
the decrease in di, while the contact angle αi(o) is also decreasing, which leads to a significant
decrease in SRi(o), vi(o) and ωi(o), but a minor increase in Pi(o), ai(o) and bi(o). According
to Equation (25), the decrease in HSi is well-reasoned, as well as that of Pvi. Therefore,
maximizing di is one way to reduce the power consumption if the design constraints of the
bearing are satisfied. Through the analysis of De and di, a relatively small radial clearance
and contact angle of the ball bearings for cryogenic turbopumps are suggested.
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Figure 15. Cont.
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Figure 15. Influence of inner raceway diameter di on power loss.

3.2.3. Influence of Inner Raceway Curvature Radius Coefficient f i on Power Loss

Inner raceway curvature radius coefficients in the range of 0.535 to 0.547 were studied,
and the power loss, ωi(o), ai(o), bi(o), Pi(o) and other dynamic parameters are shown in
Figure 16. It can be concluded that with the increase in fi, the total power loss CTotal
is decreasing due to the decrease in HSi. This is because, with the increase in fi, αi is
decreasing, Pi increases by about 7.75%, vi decreases by about 15.78%, so that Pvi and
HSi are decreasing by about 3043 W. At the same time, the reduced amplitude of HMi is
about 237 W, and the increased amplitude of the other components is about 311 W, so CTotal
is decreasing gradually. However, when fi > 0.545, the downward trend of CTotal is not
obvious, but the increase in Pi is sustained, which will reduce the fatigue life of the bearing
significantly. Therefore, there is a reasonable range of fi to balance the power loss and
fatigue life/Pi.
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Figure 16. Influence of inner raceway curvature radius coefficient fi on power loss.
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3.2.4. Influence of Outer Raceway Curvature Radius Coefficient f o on Power Loss

Outer raceway curvature radius coefficients in the range of 0.515 to 0.527 were studied,
and the power loss, ωi(o), ai(o), bi(o), Pi(o) and other dynamic parameters are shown in
Figure 17. It can be concluded that, with the increase in fo, except for Po and ao, the total
power loss and the other performance expectations are not changed significantly. This can
mainly be attributed to the fact that the power loss in the contact interfaces between the
balls and the outer raceway is less than that in the contact interfaces between the balls
and the inner raceway. It can be concluded that fo has a minor effect on the power loss
compared to fi, but a larger fo leads to a larger contact stress, which is harmful to the
bearing’s fatigue life.
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Figure 17. Influence of outer raceway curvature radius coefficient f o on power loss.

3.3. Influence of Working Conditions on Power Loss

Based on the analysis of the influence of structural parameters on the heat gener-
ation and power consumption of the bearing, those structural parameters were set to
De = 192.516 mm, di = 138.458 mm, fi = 0.540, and fo = 0.520, and the influence of axial load
Fa, radial load Fr and bearing speed ni on the power loss are discussed.

3.3.1. Influence of Axial Load Fa on Power Loss

The bearing speed ni was set to 17,000 rpm, the radial load Fr was set to 20 kN, and the
axial load Fa was varied in the range of 28.0 to 40.0 kN. The results are shown in Figure 18. It
can be seen that when the axial load Fa is increased, the Pi(o), ai(o), ωi(o), SRi(o), vi(o), etc.,
are increased, which leads to HSi increasing rapidly, but HSo experiences only a slight increase
due to the minor amplitude of vo. The other components of power loss all change only slightly.
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Figure 18. Influence of axial load Fa on power loss.

3.3.2. Influence of Radial Load Fr on Power Loss

The bearing speed ni was set to 17,000 rpm, the axial load Fa was set to 40 kN, and
the radial load Fr was varied in the range of 8.0 to 20.0 kN. In Figure 19, when Fr = 8 kN,
CTotal is 24,325 W and when Fr = 20 kN, CTotal is 25,997 W, the power loss increased by
approximately 6.87%. It can be seen that the power loss increases slightly with increasing
Fr. For a number of reasons, although the ratio of Fa to Fr is in the range of 2.0 to 5.0,
the number of the loaded balls is not varied, which can be reflected by the slight change
of, Pi(o), ai(o), ωi(o), SRi(o), vi(o), etc. Of course, a ball bearing with a reasonable radial
clearance is the precondition.
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Figure 19. Influence of radial load Fr on power loss.
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3.3.3. Influence of Bearing Speed ni on Power Loss

The axial load Fa was set to 40 kN, the radial load Fr was set to 20 kN, and the bearing
speed ni was varied in the range of 6000 to 18,000 rpm. The results are shown in Figure 20.
It can be seen that the total power loss HTotal is increasing with the increase in ni, except
for HSi, the total of Hdrag and Hc is larger and larger. For a number of reasons, due to the
increase in bearing speed ni, αi trends to be larger and αo trends to be smaller, which leads
to a larger SRi and smaller SRo. Although Pi is decreasing with the increase in bearing
speed ni, vi, Pvi and HSi are all increasing.
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Figure 20. Influence of bearing speed ni on power loss.

4. Temperature Field Analysis and Test Verification

In order to verify the correctness of the theoretical models, a test rig was developed to test
the ball bearings in a cryogenic turbopump [36,37], which uses the LN2 to build the cryogenic
environment (Figure 21). The temperature of the outer ring is measured in real-time.
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Based on the structure of the test rig, a coupled fluid-thermal finite element model was
built in ANSYS Fluent to evaluate the temperature of the outer ring. In order to improve
computational efficiency, only a part of the rotor system of the test rig is included in the
model, as shown in Figure 22. In Figure 22, T2 and T4 are the tested ball bearings, and the
meaning of the other symbols is explained in Table 4. The relative parameters of LN2 and
the bearing materials are shown in Table 5.
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Table 4. Flow velocity, pressure, and temperature boundary conditions.

No. Type Variable

1 Inlet liquid nitrogen supply speed, pressure, temperature, area Qin, Pin, Tin, Sin
2 Outlet pressure, temperature Pout, Tout
3 cage revolution speed, ball rotation speed nc, nr
4 Inner surface temperature, outer surface temperature Tic, Toc

Table 5. Relative parameters of LN2 and bearing materials.

Medium Density kg/m3 Specific Heat J/(kg·K) Thermal Conductivity
W/(m·K) Viscosity kg/m-s Moles kg/kmol

LN2 808.4 1040 0.026 0.0001 28.01
PTFE 2160 960 0.25 - -
440C 7750 481 29.3 - -

The axial load Fa was set to 40 kN, the radial load Fr was set to 20 kN, and the bearing
speeds ni were 16,000 and 17,000 rpm. The motion states of the balls and cage and the power
loss of every contact interface were calculated using the theoretical models in Section 2.2.2,
as shown in Table 6.

Table 6. Bearing motion boundary condition and power loss for one ball.

ni (rpm) nc (rpm) nr (rpm) α (◦) Ball-Outer
Raceway (W)

Ball-Inner
Raceway (W)

Ball-Cage
(W)

Ball-Liquid
(W)

Cage-Liquid
(W)

16,000 6805 43,177 17.6 190 1638 30 443 238
17,000 7239 45,833 18.0 211 1729 32 462 271
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According to the test conditions, the temperature, pressure, and flow of LN2 are shown
in Table 7.

Table 7. Temperature, pressure, and flow of LN2.

Tin (K) Tic (K) Toc (K) Tout (K) Pin (MPa) Pout (MPa) Qin (kg/s)

80 98 98 88 3.6 3.45 14

The results of the LN2 flow lines and temperature distribution are shown in Figures 23
and 24. It can be seen that the highest temperature is in the contact area between the ball
and the inner raceway. The temperatures of the outer ring for T2 of the bearing under
the different speeds are compared with the experimental results in Figure 25, as shown in
Figure 26. The results show that the maximum error between the theoretical calculation
result and the experimental result is less than 1.1%, which verifies the correctness of the
dynamic and power loss models.
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Figure 23. LN2 flow lines.
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Figure 25. Experimental results for the temperature of the outer ring under 16,000 rpm and 17,000 rpm.
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5. Conclusions

1. The total of HS, Hdrag, and Hc represents more than 80% of the power loss of a ball
bearing within a cryogenic turbopump, and in particular HSi represents the largest
percentage (over 45%) throughout. So special attention should be paid to the spin-roll
ratio SRi of the ball, which can be a key indicator for this type of ball bearing. At the
same time, Hdrag and Hc cannot be ignored when the ball bearing is working at high
speed. The structural design of the cage and the flow of cryogenic fluid should be the
focus of the next study.

2. A relatively small radial clearance and contact angle of a ball bearing within a cryo-
genic turbopump are suggested.

3. An inner raceway curvature radius coefficient fi with a larger value is suggested to
reduce the power loss, but this will increase the maximum contact stress Pi signifi-
cantly. Therefore, there is a reasonable range of fi to balance power loss and fatigue
life. The outer raceway curvature radius coefficient fo has a minor effect on the power
loss compared to fi, but a larger fo leads to a larger contact stress Po that is harmful to
the bearing’s fatigue life. Therefore, a relatively small value of fo is suggested. For the
ball bearing in this paper, fi = 0.540 and fo = 0.520 are suggested.

4. When a ball bearing is working at a larger ratio of Fa to Fr, the power loss of the ball
bearing does not change much. A larger axial force Fa is the key factor to impact the
working states of the ball bearing, which leads to a significant change in the power loss.

Author Contributions: Conceptualization, W.Z. and S.D.; methodology, W.Z.; software, C.Z.; valida-
tion, C.Z.; X.M. and L.L.; formal analysis, W.Z.; investigation, W.Z.; resources, L.L.; data curation,
X.M.; writing—original draft preparation, C.Z.; writing—review and editing, W.Z.; visualization,



Machines 2022, 10, 1080 21 of 22

C.Z.; supervision, S.D.; project administration, W.Z.; funding acquisition, W.Z. All authors have read
and agreed to the published version of the manuscript.

Funding: This research was financially supported by the Youth Program of the National Natural
Science Foundation of China (51905152).

Institutional Review Board Statement: Not applicable.

Informed Consent Statement: Not applicable.

Data Availability Statement: Not applicable.

Conflicts of Interest: The authors declare that they have no known competing financial interests or
personal relationships that could have appeared to influence the work reported in this paper.

References
1. Nosaka, M.; Kato, T. Cryogenic tribology in high-speed bearings and shaft seals of rocket turbopumps. In Tribology—Fundamentals

and Advancements; IntechOpen: London, UK, 2013; pp. 109–153.
2. Dieter, K.H.; David, H.H. Modern Engineering for Design of Liquid-Propellant Rocket Engines. In Progress in Astronautics and

Aeronautics; AIAA: Reston, VA, USA, 1992; Volume 147, pp. 155–218.
3. NASA. Liquid Rocket Engine Turbopump Bearing, NASA SP-8048. 1971. Available online: https://ntrs.nasa.gov/api/citations/

19710018535/downloads/19710018535.pdf (accessed on 23 October 2022).
4. Gibson, H.G. Design Guide for Bearings Used in Cryogenic Turbopumps and Test Rigs; NTRS 20200000047; NASA Technical Reports

Server: New York, NY, USA, 2019.
5. Gibson, H.G.; Thom, R.; Moore, C.; Haluck, D. History of Space Shuttle Main Engine Turbopump Bearing Testing at the Marshall

Space Flight Center. In Proceedings of the 57th JANNAF Joint Propulsion Meeting, Colorado Springs, CO, USA, 3–7 May 2010.
6. Gibson, H.G. An Evaluation of Bearings Operating in a Cryogenic Environment with Silicon Nitride Rolling Elements; NASA TM-103524;

NASA Marshall Space Flight Center: Huntsville, AL, USA, 1991; 20p.
7. Moore, C.; Gibson, H.; Thom, R. Liquid Hydrogen Testing of Silicon Nitride Bearings for Use in High Speed Turbomachinery. In

32nd Aerospace Mechanisms Symposium; NASA Technical Reports Server: New York, NY, USA, 1998.
8. Dufrane, K.F.; Merriman, T.L.; Kannel, J.W.; Stockwell, R.D.; Hauser, D.; Vanecho, J.A. Measurements of Elastohydrodynamic

Film Thickness, Wear and Tempering Behavior of High Pressure Oxygen Turbopump Bearings; Technical Report; Battelle Laboratories:
Columbus, OH, USA, 1984.

9. Nosaka, M.; Oike, M.; Kikuchi, M.; Kamijo, K.; Tajiri, M. Tribo-characteristics of self-lubricating ball bearings for the LE-7 liquid
hydrogen rocket-turbopump. Tribol. Trans. 1993, 36, 432–442. [CrossRef]

10. Nosaka, M.; Oike, M.; Kikuchi, M.; Kamijo, K.; Tajiri, M. Self-lubricating performance and durability of ball bearings for the
LE-7liquid oxygen rocket-turbopump. Lubr. Eng. 1993, 49, 677–688.

11. Nosaka, M.; Oike, M.; Kikuchi, M.; Nagao, R.; Mayumi, T. Evaluation of durability for cryogenic high-speed ball bearings of LE-7
rocket turbopumps. Lubr. Eng. 1996, 52, 221–233.

12. Nosaka, M.; Oike, M.; Kikuchi, M.; Mayumi, T. Tribo-characteristics of cryogenic hybrid ceramic ball bearings for rocket
turbopumps: Self-lubricating performance. Tribol. Trans. 1997, 40, 21–30. [CrossRef]

13. Nosaka, M.; Kikuchi, M.; Oike, M.; Kawai, N. Tribo-Characteristics of Cryogenic Hybrid Ceramic Ball Bearings for Rocket
Turbopumps: Bearing Wear and Transfer Film. Tribol. Trans. 1999, 42, 106–115. [CrossRef]

14. Nosaka, M.; Kikuchi, M.; Kawai, N.; Kikuyama, H. Effects of iron fluoride layer on durability of cryogenic high-speed ball
bearings for rocket turbopumps. Tribol. Trans. 2000, 43, 163–174. [CrossRef]

15. Chang, L.; Hall, P.B.; Thom, R. Scuffing Characteristics of High-Load Rolling/Sliding Contacts Operating in Liquid Oxygen—
Effects of Materials and Surface Roughness. Tribol. Trans. 1998, 41, 87–95. [CrossRef]

16. Wang, L.Q.; Qi, Y.L.; Jiang, H.Y.; Qian, Z.D.; Su, W.M.; Wang, W.B. Tribo-characteristics of Hybrid Ceramic Ball Bearing in Liquid
Nitrogen. Tribology 1999, 19, 122–125. (In Chinese)

17. Nosaka, M.; Takada, S.; Kikuchi, M.; Sudo, T.; Yoshida, M. Ultra-high-speed performance of ball bearings and annular seals in
liquid hydrogen at up to 3 million DN (120,000 rpm). Tribol. Trans. 2004, 47, 43–53. [CrossRef]

18. Ma, M.; Deng, S.; Liang, B.; Ning, H. Design of lower temperature bearings in rocket engine. Bearing 2006, 6, 10–12. (In Chinese)
19. Li, H.; Zhang, X.; Ma, M.; Li, S. Analysis on circumferential belt of steel balls for high-speed ball bearings under low temperature.

Bearing 2011, 3, 29–30. (In Chinese)
20. Nosaka, M. Cryogenic tribology of high-speed bearings and shaft seals in liquid hydrogen. Tribol. Online 2011, 6, 133–141.

[CrossRef]
21. Servais, C.; Bozet, J.-L.; Kreit, P.; Guingo, S. Experimental validation of a thermal model of a LOx flooded ball bearing. Tribol. Int.

2014, 80, 71–75. [CrossRef]
22. Vartha, V.; Kumar, M.A.; Mathew, S.; Aneesh, R.; Bejoy, J.; Thomas, T.K.; Shajimon, A.C. Failure analysis of ball-bearing of

turbo-pump used in Liquid Rocket Engine. Mater. Sci. Forum 2015, 83, 709–712. [CrossRef]

https://ntrs.nasa.gov/api/citations/19710018535/downloads/19710018535.pdf
https://ntrs.nasa.gov/api/citations/19710018535/downloads/19710018535.pdf
http://doi.org/10.1080/10402009308983181
http://doi.org/10.1080/10402009708983624
http://doi.org/10.1080/10402009908982197
http://doi.org/10.1080/10402000008982326
http://doi.org/10.1080/10402009808983725
http://doi.org/10.1080/05698190490279047
http://doi.org/10.2474/trol.6.133
http://doi.org/10.1016/j.triboint.2014.05.032
http://doi.org/10.4028/www.scientific.net/MSF.830-831.709


Machines 2022, 10, 1080 22 of 22

23. Choe, B.S.; Lee, J.; Jeon, D.; Lee, Y. Numerical study of cage dynamics focused on hydrodynamic effects of guidance land
clearances for different ball-pocket clearances in cryogenic environments. J. Eng. Gas Turbines Power 2018, 140, 042502. [CrossRef]

24. Choe, B.; Lee, J.; Jeon, D.; Lee, Y. Experimental study on dynamic behavior of ball bearing cage in cryogenic environments, Part I:
Effects of cage guidance and pocket clearances. Mech. Syst. Signal Process. 2019, 115, 545–569. [CrossRef]

25. Choe, B.; Kwak, W.; Jeon, D.; Lee, Y. Experimental study on dynamic behavior of ball bearing cage in cryogenic environments,
Part II: Effects of cage mass imbalance. Mech. Syst. Signal Process. 2019, 116, 25–39. [CrossRef]

26. Wang, Q.; Zheng, F.; Wang, T. Tribological properties of polymers PI, PTFE and PEEK at cryogenic temperature in vacuum.
Cryogenics 2016, 75, 19–25. [CrossRef]

27. Miao, X.; Hu, M.; Li, A.; Wang, D.; Weng, L.; Li, X.; Zhang, G. Investigation on the lubricity of self-lubricating ball bearings for
cryogenic turbine pump. Tribol. Int. 2018, 121, 45–53. [CrossRef]

28. Kwak, W.; Lee, J.; Lee, Y.B. Theoretical and experimental approach to ball bearing frictional characteristics compared with
cryogenic friction model and dry friction model. Mech. Syst. Signal Process. 2019, 124, 424–438. [CrossRef]

29. Liu, F.; Su, B.; Zhang, G.; Ren, J.; Zhang, W. Development of a Cryogenic Tester with Air Bearing to Test Sliding-Rolling Contact
Friction. Lubricants 2022, 10, 119. [CrossRef]

30. Xia, Z.; Wu, Y.; Ma, T.; Bao, Z.; Tian, J.; Gao, L.; Sun, J.; Li, S. Experimental study on adaptability of full ceramic ball bearings
under extreme conditions of cryogenics and heavy loads. Tribol. Int. 2022, 175, 107849. [CrossRef]

31. Su, H.; Lv, C.; Shang, J.; Huang, B.H.; Feng, Y.; Wu, J.H. Performance study of preloaded cryogenic bearings in liquid hydrogen
pump. IOP Conf. Ser. Mater. Sci. Eng. 2022, 1240, 012056. [CrossRef]

32. Gupta, P.K.; Gibson, H.G. Real-Time Modeling of Thermal Interactions in Cryogenic Ball Bearings; NTRS 20190001244; NASA Technical
Reports Server: New York, NY, USA, 2019.

33. Gupta, P.K.; Gibson, H.G. Real-Time Dynamics Modeling of Cryogenic Ball Bearings with Thermal Coupling. J. Tribol. 2020, 143, 031201.
[CrossRef]

34. Tevaarwerk, J.L. Development of a Cryogenic Traction Tester; NASA Contract, No. NAS8-38552; NASA: Huntsville, AL, USA; MSFC:
Huntsville, AL, USA, 1992.

35. Kragelskii, I.V. Friction and Wear; Butterwonhs: London, UK, 1965.
36. Mao, K.; Miao, X.S.; Chen, H.; Niu, X.Z. Experimental research on bearing life of turbopump in liquid rocket engine. J. Rocket

Propuls. 2016, 42, 24–27. (In Chinese)
37. Xu, J.; Li, C.; Miao, X.; Zhang, C.; Yuan, X. An Overview of Bearing Candidates for the Next Generation of Reusable Liquid

Rocket Turbopumps. Chin. J. Mech. Eng. 2020, 33, 13. [CrossRef]

http://doi.org/10.1115/1.4037872
http://doi.org/10.1016/j.ymssp.2018.06.018
http://doi.org/10.1016/j.ymssp.2018.06.034
http://doi.org/10.1016/j.cryogenics.2016.01.001
http://doi.org/10.1016/j.triboint.2018.01.041
http://doi.org/10.1016/j.ymssp.2019.01.056
http://doi.org/10.3390/lubricants10060119
http://doi.org/10.1016/j.triboint.2022.107849
http://doi.org/10.1088/1757-899X/1240/1/012056
http://doi.org/10.1115/1.4047582
http://doi.org/10.1186/s10033-020-00442-6

	Introduction 
	Theoretical Models of Ball Bearing for Cryogenic Turbopump 
	Frictional Coefficients of Bearing’s Contact Interfaces 
	Dynamic Model of Ball Bearing 
	Coordinate System 
	Nonlinear Dynamics Differential Equations of the jth Ball 
	Nonlinear Dynamics Differential Equations of the Cage 
	Nonlinear Dynamics Differential Equations of the Inner Ring 

	Power Loss Model of the Ball Bearing 

	Analysis of Power Loss of the Ball Bearings of a Cryogenic Turbopump 
	Component of Power Loss 
	Influence of Structural Parameters on Power Loss 
	Influence of Outer Raceway Diameter De on Power Loss 
	Influence of Inner Raceway Diameter di on Power Loss 
	Influence of Inner Raceway Curvature Radius Coefficient fi on Power Loss 
	Influence of Outer Raceway Curvature Radius Coefficient fo on Power Loss 

	Influence of Working Conditions on Power Loss 
	Influence of Axial Load Fa on Power Loss 
	Influence of Radial Load Fr on Power Loss 
	Influence of Bearing Speed ni on Power Loss 


	Temperature Field Analysis and Test Verification 
	Conclusions 
	References

