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Abstract: This article presents an analysis of the driveline operation of a high-mobility Jelcz
442.32 wheeled vehicle, which uses rigid drive axles connected to drive shafts with two univer-
sal joints (another name for the Cardan joints) due to the occurrence of kinematic incompatibility.
The conditions for the correct connection of the drive shafts with two universal joints (Cardan joints)
were presented, and the kinematic ratio of the complete drive shaft was defined. In the analysis of
kinematic incompatibility regarding (but not limited to) the method of loading the vehicle, selected
characteristic conditions of vehicle movement and the initial values of the angular setting of the rigid
driving axles in relation to the vehicle body were presented. It has been shown that, in the analyzed
vehicle, the kinematic incompatibility in the driveline is constantly present, and the value of this
incompatibility, represented by the temporary ratio of drive shafts, depends on, among other things,
the ways of loading the vehicle, the existing conditions of vehicle movement, and the type of ground.
Moreover, the value of the arising kinematic incompatibility was noticed to be highly influenced by
the correct manufacturing and assembly of the vehicle springs.

Keywords: kinematic incompatibility; driveline; high mobility vehicle; load identification;
universal (Cardan) joint

1. Introduction

High mobility wheeled vehicles, with both medium and increased load capacity [1],
classified according to the type of approval of N3G group vehicles [2], have a complex
driveline, supplying power and torque to all driving wheels [3], which ensures sufficiently
high mobility and pulling force [4]. While driving, the suspension system is subjected
to heavy loads resulting from traffic conditions [5], which include: road profile, driving
speed [6], the degree of capacity utilization, and the maneuvers performed among other
factors. Relative displacements of the chassis and driveline elements arising while driving
may lead to such temporary mutual positions in which optimal cooperation conditions are
not ensured and, as a consequence, additional undesirable loads may be generated [7,8].
Frequent and long-lasting additional loads lead to accelerated wear of the elements of
cooperating subassemblies and reduce the driving comfort of the transported people [9],
and can also be partially transferred to the transported load and equipment [10]. Therefore,
to evaluate this type of vehicle driveline and suspension cooperation, relevant analysis is
necessary, the performance of which should allow for the identification of the conditions
for the cooperation of the driveline components and reduce the kinematic incompatibility
in the driveline system [11], which is understood as the difference in angular velocity of
the driving and driven shaft elements.
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2. The Characteristics of the Research Object

High-mobility wheeled vehicles with different payloads remain a universal means
of transporting people and goods in the current vehicle structure of the Polish Armed
Forces. As part of the modernization of the Armed Forces, the existing basic high-mobility
wheeled vehicle with a 6 × 6 chassis, the Star 266, is successively being replaced by a
new truck with a 4 × 4 driveline system, the Jelcz 442.32. Initial tactical and technical
assumptions for this new vehicle were defined in 2011. They indicated, among other things,
that it should be a vehicle with a minimum load capacity of 6000 kg (with a 2-person cabin)
capable of carrying up to 24 soldiers, with a GVM (Gross Vehicle Mass) not exceeding
16,000 kg, approved for traffic on public roads, susceptible to configuration changes, and
able to move at a speed of up to 80 km/h in accordance with the regulations enforced [12].
Due to the anticipated conditions of use, the vehicle should be able to: negotiate slopes
of 30◦ (longitudinal) and 20◦ (transverse), drive over ditches a minimum of 0.6 m wide,
vertical walls with a minimum height of 0.3 m and fords with a depth of 0.8 m (1.2 m after
special preparation of the vehicle for fording). A vehicle developed by Jelcz that meets the
defined requirements was presented for the first time at the International Defense Industry
Exhibition in Kielce in 2013. More than 1300 vehicles have been produced thus far.

2.1. The Vehicle Tire Characteristics

The analyzed vehicle has a 4× 4 wheeled chassis. The front and rear axles are equipped
with 14.00R20XZL tires (rstatic = 629 mm adapted to driving at reduced air pressure. The
general view of the tire is shown in Figure 1.
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Based on the data from Michelin [13], the tire deflection characteristics, as a function
of the external load to the assumed air pressure corresponding to driving on a hard road
(p = 6 bar), were determined, obtaining a third-degree polynomial:

u = 10−10·G3 − 2× 10−6·G2
+ 0.0186·G + 0.734 (1)

where: u is the deflection, (mm) and G is the wheel load, (kg),
The determined polynomial describing the deflection of the tire gives convergent

results with the characteristics presented in Michelin’s data [13] in the load range of
0 to 5000 kg, as shown in Figure 2.
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Figure 2. The characteristics of the tire deflection (u) as a function of load (G) at the inflation pressure
(p = 6 bar).

The deflection characteristics of the analyzed tire [14] are comparable with the values
obtained by other research teams when testing a tire of the same size but from a different
manufacturer [15,16].

2.2. The Characteristics of Spring Elements in the Vehicle Suspension

The spring elements in the suspension of the front and rear axles are parabolic springs
with the stiffness characteristics presented in Figures 3 and 4.
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Figure 3. The characteristics of the stiffness of the 4-leaf parabolic spring of the front axle [17].
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To limit the angular displacements of the mass sprung, stabilizers were used, the
geometrical characteristics of which are presented in Table 1.

Table 1. The geometric dimensions of the stabilizers.

Front Axle Stabilizer Rear Axle Stabilizer

Length of the element subject to torsion 730 mm 820 mm

Length of stabilizer arm 520 mm 340 mm

Diameter of the element subject to torsion 40 mm 50 mm

2.3. The Characteristics of the Vehicle Axle Suspension and Driveline

In the dependent suspension of the rigid driving axles of the vehicle, additional
longitudinal rods are not used, which fixes the angular position of the driving axles in
relation to the vehicle frame. Instances of braking and the driving force resulting from
tire-ground contact are transferred to the bearing system through the springs.

The vehicle has a classic drive system in which the engine is located longitudinally in
front of the front axle. The 9+1 speed gearbox is directly connected to the engine. The drive
shaft with two universal joints goes into a two-gear transfer case (iSR = 1 or 2), equipped
with a planet differential with the possibility of locking. In this subassembly, the drive
is divided into two power streams and drive shafts with two universal joints transferred
to the rigid driving axles with the main gear (iMN = 1.688) and further to the reduction
planetary gears in the wheel hubs (iZ = 3.556) (see Figure 6). The characteristics of the gear
ratios and vehicle speed are presented in Table 2.

Table 2. The characteristics of vehicle movement speed, depending on the gear engaged.

Max. Engine Torque: Nominal Engine Power: Tire: 14.00R20 164/160J
(rdyn,nom = 0.582 m)

1300 [Nm] 1200 ÷ 1600 [1/min] 240 [kW] 2200 [1/min] Correction of Cross-Country Speed [km/h]
Depending on Deflection of Tire:

Road Speed [km/h] (iSR = 1) Cross-Country Speed [km/h] (iSR = 2)
U = 0.86

(Nominal
Deflection)

U = 0.8 U = 0.7 U = 0.6 U = 0.5

Gear ic

V
(n = 1700
[1/min])

∆V
(∆n = ±500

[1/min])
Gear ic

V
(n = 1700
[1/min])

∆V
(∆n = ±500

[1/min])
∆V0.86 ∆V0.8 ∆V0.7 ∆V0.6 ∆V0.5

C 56.88 6.9 2.0 C 113.76 3.4 1 0.0 −0.1 −0.2 −0.3 −0.4

1 39.48 9.9 2.9 1 78.96 4.9 1.5 0.0 −0.1 −0.3 −0.4 −0.4

2 28.08 13.9 4.1 2 56.16 6.9 2 0.0 −0.2 −0.4 −0.4 −0.8

3 20.88 18.7 5.5 3 41.76 9.3 2.7 0.0 −0.3 −0.5 −0.8 −1.1

4 15.72 24.8 7.3 4 31.44 12.4 3.6 0.0 −0.4 −0.7 −1.1 −1.5

5 11.34 34.4 10.2 5 22.68 17.2 5.1 0.0 −0.5 −1.0 −1.6 −2.1

6 8.1 48.2 14.2 6 16.3 24.1 7.1 0.0 −0.7 −1.4 −2.2 −2.9

7 6 65 19.1 7 12 32.5 9.6 0.0 −0.9 −1.9 −2.9 −3.9

8 4.5 86.7 25.5 8 9 43.4 12.8 0.0 −1.2 −2.6 −3.9 −5.3

R 53.82 7.2 2.1 R 107.64 3.6 1.1 0.0 −0.1 −0.2 −0.3 −0.4

3. The Characteristics of the Cooperation of Selected Vehicle Components

The mutual spatial arrangement and the method of mounting the components of the
driveline and the undercarriage with the suspension should be designed in an appropriate
way to prevent their mutual displacement from being caused by loads from the transported
cargo and traffic conditions that would interfere with their proper cooperation. This task
is difficult to achieve in practice as it requires the adoption of many design constraints,
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the use of complex systems of axle guidance relative to the body, the introduction of
additional pivot points into the suspension system, and an increase in the unsprung mass.
For practical reasons, design solutions are used to position these components in a way
that allows their non-optimal cooperation, resulting in a minimization of the number of
necessary components, a reduction of pivot points and unsprung mass. In the analyzed
vehicle, the number of components in the suspension system was reduced to a minimum,
i.e., the parabolic springs are both spring elements that guide the front and rear drive axles.
While driving, they are subjected to bending in the longitudinal vertical plane, stretching
and twisting in the longitudinal axis of the vehicle, and torsion by the driving and braking
torque acting in the axis of rotation of the wheels of each driving axle. Figure 5 shows a
fragment of the left rear suspension with the pinion housing and universal joint.
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3.1. The Model of Cooperation between the Propeller Shaft, Transfer Case, and Main Gear

The diagram of the vehicle driveline is shown in Figure 6. In the analyzed vehicle, the
position of the engine with the gearbox and transfer case can be considered constant (slight
displacements are possible due to the flexibility of the elastic cushions in the supports). The
axis of rotation of the output shaft from the gearbox and the axis of rotation of the input
shaft to the transfer case are parallel, and their mutual shift causes the sections of the main
drive shaft WG to collapse by angles δ1 = δ2 = 2◦ while maintaining the consistency of the
inclination angles δ1 and δ2: SB (t) = SR (t).

The drive shafts, front WP and rear WT transfer the power flows, which are distributed
in the SR transfer case, to the front and rear axle drive wheels via main gears and hub
reduction gears.

A properly designed driveline should ensure the compliance of the angular speeds of
the output shafts from the transfer case and input shafts to the main gears in driving axles
over time, that is:

.
ϕ1p =

.
ϕ3p,

.
ϕ1t =

.
ϕ3t (2)
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The condition of compliance of the values of the angles of rotation of the shaft members
ϕ1p as well as ϕ3p and ϕ1t as well as ϕ3t is described by the relationship:

ϕ3p = ϕ1p
cosα1

cosα2
; ϕ3t = ϕ1t

cosβ1

cosβ2
(3)

If α1(t) = α2(t), is
.
ϕ1p =

.
ϕ3p and if β1(t) = β2(t), is

.
ϕ1t =

.
ϕ3t. However, if the

position of the WP and WT drive shaft members changes while driving, and α1(t) 6= α2(t)
as well as β1(t) 6= β2(t), then the condition of compliance of the angular velocities is not
met, and so, the phenomenon of kinematic incompatibility arises.

To determine the degree of kinematic incompatibility of the drive shaft WP and WT,
it is necessary to know the relationship between the angular velocity of the driving and
driven element, which is obtained by differentiating the relationship (3) over time. Taking
into account the relationship between the angles of rotation of both members:

tgϕ1p

tgϕ3p
=

cosα1

cosα2

getting:
.
ϕ3p =

.
ϕ1p

cosα1
cosα2

sin2 ϕ1p + cos2 ϕ1p
cos2α1
cos2α2

(4)

which allows for determining the gear ratio of the WP drive shaft:

iWP =

.
ϕ1p
.
ϕ3p

=
sin2 ϕ1p + cos2 ϕ1p

cos2α1
cos2α2

cosα1
cosα2

(5)

The same is done in the case of determining the relationship describing the kinematic
incompatibility of the WT shaft. By analyzing the dependence (5), it is apparent that the
formation of kinematic incompatibility caused by the operation of drive shafts depends
on the values of the instantaneous angles of inclination of the shaft members α1 & α2 and
β1 & β2.

3.2. The Identification of the Values of Inclination Angles of the Drive Shafts

For the initial analysis of the occurrence risk of kinematic incompatibility in the
vehicle driveline system, it is necessary to know the range of changes in the values of the
inclination angles α1, α2 as well as β1, β2 to the selected conditions of motion. Figure 6
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shows a schematic mutual distribution of the analyzed components, and the numerical
data for the values included are summarized in Table 3.

Table 3. The input data for the distribution of selected vehicle components (vehicle without load).

L, [mm] 4100 length of center part WP, [mm] 1340

LP, [mm] 2150 length of center part WT, [mm] 1302

LT, [mm] 1950 rd, [mm] 430

L1, [mm] 385 rd,t, [mm] 430

L2, [mm] 220 γ, [◦] 2

This assumes that the relative position of the vehicle components, corresponding to a
situation when the vehicle is motionless and unloaded, is shown in Figure 6. The sprung
mass (mr) is 6936 kg, on the front axle springs (mp) is 4468 kg, and on the rear axle springs
is (mt) 2468 kg. Assuming that the unsprung mass of the front axle (mnp) is 1264 kg, and the
unsprung mass of the rear axle (mnt) is 1364 kg. The spring deflection corresponding to this
load can be determined from the relationship:

hp,t =
Qp,t

2·cp,t
=

mp,t·g
2·cp,t

(6)

where: g is the acceleration due to gravity (m/s2), cp,t is the spring stiffness of the front (p)
and rear (t), respectively (N/mm) (Figures 3 and 4),

In the static conditions, the front spring deflection is hp = 81.2 mm, and ht = 60.9 mm.
When the vehicle is loaded with a load of 6000 kg, part of this mass, ∆mp = 997 kg, can

act on the front axle, and ∆mt = 5003 kg acts on the rear axle (depending on the type of
load distribution) [18]. Additional front spring deflection (∆hp) and rear spring deflection
(∆ht ) are, respectively: ∆hp = 18.1 mm, and ∆ht = 81 mm. This additional deflection of the
springs leads to the inclination of the body in relation to the transverse axis of the vehicle
by tilt angle (◦), which can be determined as:

θ =
∆hp − ∆ht

L
·57.3 (7)

where: L is the wheelbase of the vehicle, L = 4100 mm.
The body tilt angle due to an additional 6000 mass kg under static conditions is −0.6◦.
During the movement of the vehicle, as a result of braking, the front and rear drive

axles partially rotate, and both the front and rear springs are deflected. This additional
spring deformation, caused by the inertia of the car body, depends on the position of the
center of the sprung mass of the vehicle and the braking deceleration that occurs. The
coordinates describing the position of the center of the sprung mass of the unladen vehicle
are X = 1460 mm behind the front axle at a height of Z = 1230 mm [18]. Assuming that the
6000 kg load is distributed over the front axle, ∆mp = 997 kg, and rear axle, ∆mt = 5003 kg,
respectively, and that the center of this mass is at a height of Z1 = 1750 mm, then the
coordinates of the center of the sprung mass of the whole laden vehicle can be calculated
from the relationship:

XCOG =
(mt + ∆mt + mnt)·L

mp + mt + ∆mp + ∆mt + mnp + mnt
(8)

ZCOG =

(
mp + mt + mnp + mnt

)
·Z +

(
∆mp + ∆mt

)
·Z1

mp + mt + ∆mp + ∆mt + mnp + mnt
(9)

After substituting the values, we get XCOG = 2330 mm and ZCOG = 1430 mm. The
coordinates of the location of the vehicle’s center of mass are presented in Table 4.
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Table 4. The coordinates of the location of the center of mass of the vehicle in different load variants.

X (Behind Rear Axle) [mm] Z [mm]

Vehicle unladen 1460 1230

Vehicle laden 6000 kg 2230 1430

Having the designated coordinates of the position of the center of mass of the vehicle
with a mass of 6000 kg and assuming the value of the coefficient of adhesion of the tires
to the ground (µp) while braking, the change in the spring load during braking and the
maximum wheel turning moment can be determined.

The range of spring load changes during braking resulting from the inertia force of
the car body can be determined based on the relationship:

∆Q = Fb·µp·ig = mro·g·µp·
ZCOG

L
(10)

where: Fb is the inertial force, (N), ig is the geometric ratio resulting from the height of
the center of mass of the body (ZCOG) the wheelbase of the vehicle (L), µp = 0.7, and the
sprung mass of the laden vehicle (mro) is 6936 + 6000 kg. After substituting the values, we
get ∆Q = 31 kN.

Ultimately, a vertical force will act on the front axle springs as the laden vehicle
brakes (Qr,p):

Qr,p = Qp + ∆Q =
(
mp + ∆mp

)
·g + ∆Q (11)

and on the rear axle springs (Qr,t):

Qr,t = Qt − ∆Q = (mt + ∆mt)·g− ∆Q (12)

After substituting the values, we get Qr,p = 84.6 kN and Qr,t = 42.3 kN. These loads
cause an additional deflection of the springs in the front and rear axles. The value of this
additional deflection of one spring in the front axle is ∆hpb = 57.4 mm and in the rear axle
deflection of one spring ∆htb = −37 mm.

The maximum wheel turning moment causing an angular displacement of the axles
γmn,p and γmn,t can be determined from the dependence:

Mh,p,t = Qc,p,t·µp·rd,p,t (13)

where: rd,p,t is the dynamic radius of the front and rear wheels, respectively, and Qc,p,t is
the total weight of the front and rear tires:

Qc,p = Qr,p + mnp·g (14)

Qc,t = Qr,t + mnt·g (15)

Assuming that the nominal pressure in the tire is p = 6 bar, the dynamic radius
during braking will change correspondingly for the front wheel (with dependents 1):
∆rd,p = −70 mm, ∆rd,t = −41 mm. Ultimately, during braking, the dynamic radius
of the front axle wheels is: rd,p,h = 629 − 70 = 559 mm, and of the rear axle wheels
is: rd,t,h = 629− 41 = 588 mm. The maximum turning torque of the front axle wheels may
reach the value (assuming the brakes can transfer more torque):

Mh,p = 97× 0.7× 0.559 = 37.9 (16)

and for the rear axle wheels:

Mh,t = 55.7× 0.7× 0.588 = 22.9 (17)
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Knowing the maximum values of the braking moments of the wheels of individual
axles, the range of angular displacements of the driving axles can be determined: γmn,p
and γmn,t.

It can be assumed that the acceleration and braking of the vehicle cause the parabolic
spring to wind up, and its bending can be approximated by a beam model with uniform
bending strength. Then the angle of rotation of the drive axle (γMN,p,t) can be determined
from dependences [19]:

γMN,p,t = arctg
( Mh,p,t

2× 0.25× c× Lr

)
(18)

where: c is the spring stiffness, N/m, Lr is the spring length, m, and 2 is the two springs.
Substituting the values, the determined angles of spring deformation, which translate

into the rotation of the driving axles, are as follows: γmn,p = 5◦ and γmn,t = 4.1◦.
The rotation of the rigid axles will also displace the universal joints connecting the

middle sections of the driven shafts with the pinion shafts of the final drive. Assuming that
the displacement in the vertical axis is approximately equal to the arc length corresponding
to the rotation of the swing bridge, the value of this displacement can be determined from
the relationship:

hpu,p,t =
2π

360
·rp,t·γmn,p,t (19)

where: rp,t is the distance of the joint of the pinion shaft from the axis of rotation of the
driving axle, of the front (p) and rear (t), respectively, γmn,p,t is the angle of rotation of
the driving axle (in degrees) of the front (p) and rear (t), respectively. Assuming that
rp = rt = 430 mm, we get: hpu,p = 37 mm and hpu,t = −31 mm. A collective list of displace-
ments of selected subassemblies and changes in the angle of inclination of sections of the
drive shafts is presented in Table 5.

Table 5. A summary of component displacement values during vehicle braking.

Front Axle Rear Axle

Unladen vehicle (µ = 0.7)

One spring deflection during braking, mm 26.5 −36

Axle rotation angle due to braking torque, ◦ 3.7 1.8

Displacement in the Z axis of joint P2p due to rotation of the driving axle, mm 28

Displacement in the Z axis of joint P2t due to rotation of the driving axle, mm −13.3

Total displacement in the Z axis of joint P2p, mm 26.5 + 28 = 54.5

Total displacement in the Z axis of joint P2t, mm −36 − 13.3 = −49.2

Vehicles laden 6000 [kg] (µ = 0.7)

One spring deflection due to the load (static), mm 18.1 81

One spring deflection during braking, mm 57.4 −37

Axle rotation angle due to braking, ◦ 5 4.1

Displacement in the Z axis of joint P2p due to rotation of the driving axle, mm 37.2

Displacement in the Z axis of joint P2t due to rotation of the driving axle, mm −30.6

Total displacement in the Z axis of joint P2p 18.1 + 57.4 + 37.2 = 112.7

Total displacement in the Z axis of joint P2t 81 − 37 − 30.6 = 13.5

4. An Analysis of Kinematic Incompatibility in the Driveline

Based on the data on the relative position of the vehicle components, selected values
are shown in Table 3 and the relative displacements of subassemblies to selected motion
conditions are summarized in Table 5, the values of kinematic ratios of the WP and WT drive
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shafts were determined (5). Thus assumes that the goal to achieve was the compatibility of
the angles α1(t) = α2(t) and β1(t) = β2(t), depending on the values of the initial angles
γMN,p0 and γMN,t0 to the selected conditions of motion. The selection of traffic conditions
for analysis was subjective; it was limited to the case of vehicle movement on a road with
an asphalt surface (the most common traffic case) when the road surface is relatively flat
and the coefficient of tire adhesion to the road surface achieves high values. For these
conditions, the cases where the relative linear and angular displacements of the driveline
and suspension components would reach the highest values were investigated. It is known
from experience that vehicle acceleration achieves values much smaller than deceleration
during braking. Hence, the force of inertia causing shifts in position is greater during
braking. In addition, it was assumed that the vehicle can be driven without a load or
with a load distributed as recommended in the user manual. On this basis, four cases of
motion were selected, to which the displacements and their effect on the value of kinematic
incompatibility were determined relatively. The figures are summarized in Tables 6–9, and
the corresponding graphs show the variability of the value of the kinematic incompatibility
as a function of the rotation of the shaft driving members in Figures 7–10.

The values of gamma angles have been calculated from the mathematical models
presented above for cases where there is an equal value of alpha and beta angles (in that
case there is no kinematic incompatibility). In some cases, it was possible to determine
the values of gamma angles for more than one case of motion. This has been indicated in
the shaded cells of the tables. For example, Table 6 shows that for γMN,p0 = −2 there is no
kinematic incompatibility when the vehicle is in static conditions (with and without load
or moving at a constant speed in rectilinear motion).

Table 6. A set of values of angles of inclination of shafts α1(t), α2(t), β1(t), β2(t) to the assumed
motion conditions due to the value of angles γMN,p0 = −2 (Figure 7a) and γMN,t0 = −2 (Figure 7b).

∆iWPmax = 1.10% γMN,p0 = −2 γMN,t0 = −2

∆iWTmax = 3.19% α1 [◦] α2 [◦] β1 [◦] β2 [◦]

Vehicle without load, static conditions 9.0 9.0 3.0 3.0

Vehicle with load, static conditions 8.2 8.2 −0.6 3.4

Vehicle without load, braking 6.7 3.0 5.1 10.9

Vehicle with load, braking 4.2 −0.8 2.4 10.5
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Table 7. A set of values of angles of inclination of shafts α1(t), α2(t), β1(t), β2(t) to the assumed
motion conditions due to the value of angles γMN,p0 = −2 and γMN,t0 = 2 (Figure 8a) or 0.8 (in
parentheses) (Figure 8b).

∆iWPmax = 1.10% γMN,p0 = −2 γMN,t0 = 0.8 or (2)

∆iWTmax = 1.63% for 0.8 or 1.22 for (2) α1 [◦] α2 [◦] β1 [◦] β2 [◦]

Vehicle without load, static conditions 9.0 9.0 3.0 5.8 (7.0)

Vehicle with load, static conditions 8.2 8.2 −0.6 0.6 (−0.6)

Vehicle without load, braking 6.7 3.0 5.1 8.1 (6.9)

Vehicle with load, braking 4.2 −0.8 2.4 7.7 (6.5)
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Table 8. Set of values of angles of inclination of shafts α1(t), α2(t), β1(t), β2(t) to the assumed motion
conditions due to the value of angles γMN,p0 = −5.7 (Figure 9a) and γMN,t0 = 3.8 (Figure 9b).

∆iWPmax = 2.47% γMN,p0 = −5.7 γMN,t0 = 38

∆iWTmax = 2.09% α1 [◦] α2 [◦] β1 [◦] β2 [◦]

Vehicle without load, static conditions 9 12.7 3 8.8

Vehicle with load, static conditions 8.2 11.9 −0.6 −2.4

Vehicle without load, braking 6.7 6.7 5.1 5.1

Vehicle with load, braking 4.2 2.9 2.4 4.7

Energies 2023, 16, x FOR PEER REVIEW 13 of 17 
 

 

 

 
(a) 

 
(b) 

Figure 9. (a) iWP(φ1p) when γMN,p0 = −5.7. (b) iWT(φ1t) when γMN,t0 = 3.8. 

Table 9. Set of values of angles of inclination of shafts 𝛼ଵ(𝑡), 𝛼ଶ(𝑡), 𝛽ଵ(𝑡), 𝛽ଶ(𝑡) to the assumed mo-
tion conditions due to the value of angles γMN,p0 = 1.4 (Figure 10a) or (−7) (Figure 10b) and γMN,t0 = 6.1 
(Figure 10c). 

ΔiWPmax = 1.52% for (1.4) or 3.55 for (−7) γMN,p0 = 1.4 (−7) γMN,t0 = 6.1 
ΔiWTmax = 3.50% α1 [°] α2 [°] β1 [°] β2 [°] 

Vehicle without load, static conditions 9 5.6 (14) 3 11.1 
Vehicle with load, static conditions 8.2 4.8 (13.2) −0.6 −4.7 

Vehicle without load, braking 6.7 −0.4 (8.0) 5.1 2.8 
Vegicle with load, braking 4.2 −4.2 (4.2) 2.4 2.4 

Figure 9. Cont.



Energies 2023, 16, 1938 13 of 16

Energies 2023, 16, x FOR PEER REVIEW 13 of 17 
 

 

 

 
(a) 

 
(b) 

Figure 9. (a) iWP(φ1p) when γMN,p0 = −5.7. (b) iWT(φ1t) when γMN,t0 = 3.8. 

Table 9. Set of values of angles of inclination of shafts 𝛼ଵ(𝑡), 𝛼ଶ(𝑡), 𝛽ଵ(𝑡), 𝛽ଶ(𝑡) to the assumed mo-
tion conditions due to the value of angles γMN,p0 = 1.4 (Figure 10a) or (−7) (Figure 10b) and γMN,t0 = 6.1 
(Figure 10c). 

ΔiWPmax = 1.52% for (1.4) or 3.55 for (−7) γMN,p0 = 1.4 (−7) γMN,t0 = 6.1 
ΔiWTmax = 3.50% α1 [°] α2 [°] β1 [°] β2 [°] 

Vehicle without load, static conditions 9 5.6 (14) 3 11.1 
Vehicle with load, static conditions 8.2 4.8 (13.2) −0.6 −4.7 

Vehicle without load, braking 6.7 −0.4 (8.0) 5.1 2.8 
Vegicle with load, braking 4.2 −4.2 (4.2) 2.4 2.4 

Figure 9. (a) iWP(ϕ1p) when γMN,p0 = −5.7. (b) iWT(ϕ1t) when γMN,t0 = 3.8.

Table 9. Set of values of angles of inclination of shafts α1(t), α2(t), β1(t), β2(t) to the assumed motion
conditions due to the value of angles γMN,p0 = 1.4 (Figure 10a) or (−7) (Figure 10b) and γMN,t0 = 6.1
(Figure 10c).

∆iWPmax = 1.52% for (1.4) or 3.55 for (−7) γMN,p0 = 1.4 (−7) γMN,t0 = 6.1

∆iWTmax = 3.50% α1 [◦] α2 [◦] β1 [◦] β2 [◦]

Vehicle without load, static conditions 9 5.6 (14) 3 11.1

Vehicle with load, static conditions 8.2 4.8 (13.2) −0.6 −4.7

Vehicle without load, braking 6.7 −0.4 (8.0) 5.1 2.8

Vegicle with load, braking 4.2 −4.2 (4.2) 2.4 2.4
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Based on the determined values of the kinematic ratio of the WP and WT drive shafts,
depending on the angle of the initial rotation of the drive axle, when looking at γMN,p0
and γMN,t0 respectively, it can be seen that the smallest range of changes of the kinematic
gear ratio of the shaft WP occurs when γMN,p0 = −2 (∆iWPmax = 1.10%) and for shaft WT,
when γMN,t0 = 2 (∆iWTmax = 1.22%). At the same time, it should be noted that regardless
of the angular settings of the driving axles, there is always a kinematic incompatibility
in the drive system. The possibility of determining the correct initial value of gamma
angles γMN,p0 and γMN,t0 for the analyzed type of vehicle suspension was limited only to
selected traffic conditions. It is obvious that the selected conditions of vehicle movement
and the kinematic incompatibility resulting then do not cover all possible cases. It can be
pointed out that when driving loaded in cross-country and off-road conditions, there are
large and more complex relative displacements of chassis and driveline components and
thus significant kinematic incompatibility, which could lead to the formation of circulating
power, which is a very unfavorable phenomenon.
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5. Summary

This article presents a mathematical model describing the cooperation of key com-
ponents in the driveline system of a high-mobility wheeled vehicle, Jelcz 442.32, due
to the possibility of the phenomenon of kinematic incompatibility. The analysis uses a
model of cooperation between the propeller shaft and two universal (Cardan) joints and
the conditions for the correct operation of this component. The indicator of the correct
operation of the driveline was the value of the kinematic ratio, which in the entire range
of anticipated working loads of the vehicle (use of the vehicle load capacity) should be
equal to 1, regardless of the permissible vehicle motion conditions. The analysis considers
the load distribution caused by the selected (unfavorable) method of load distribution,
causing temporary vertical displacements of the driving axles, and their rotations, resulting
from the value of the maximum braking torque of the wheel, taking into account the
change in the dynamic radius of the front and rear tires. It has been demonstrated that
the smallest change in the kinematic ratio in the driveline system should occur when the
initial angle of rotation of the front drive axle is equal to γMN,p0 = −2 (∆iWPmax = 1.10%),
and the initial angle of rotation of the rear driving axle will be γMN,t0 = 2 (∆iWTmax = 1.22%).
It is also observed that a small change in the value of these angles has a large effect on
changing the value of the kinematic ratio. The range of changes in the setting of the initial
value of the gamma angles and the impact on the resulting kinematic incompatibility in
the driveline is shown in Figure 11. The sensitivity of the driveline to the formation of
kinematic incompatibility due to the gamma angle is particularly high towards the rear
axle. A change of the gamma angle by one degree causes a visible increase in the value
of the kinematic incompatibility. Less sensitivity occurs to the front axis. Knowledge of
this sensitivity allows the vehicle manufacturer to establish internal rules for assessing the
quality of the components supplied to the vehicle (especially springs).

Taking into consideration the data analysis in the publications concerning the dynamic
loads resulting from the temporary kinematic incompatibility in the vehicle driveline, it
follows that even a small value of this incompatibility can lead to significant accelerations of
the sprung mass [20]. In addition, it was noted that the correct manufacture of the springs
and their correct installation can have a great influence on maintaining the conditions for
the correct operation of the drivetrain. Experimental tests of the vehicle driveline would be
beneficial to confirm the validity of the claims made in this article.
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